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1. Introduction

Heat losses are a major limiting factor for the
performances of internal combustion engines such as in-
cylinder pressure, temperature, power, efficiency, exhaust
emissions and component thermal stresses [1], [2].
Furthermore, convective heat transfer phenomena cause
thermally induced mechanical stresses compromising the
reliability of engine components. The ability to predict a
convective heat transfer in engines plays an important role
in engine development. Today, predictions are increasingly
being done with numerical simulations at an earlier stage
of engine development. These methods must be based on
the understanding of the principles of convective heat
transfer. Lawton [3] measured the instantaneous heat flux
at the surface of a cylinder head in a motored diesel engine
at different speeds. It found that the observed heat flux was
different from the predicted one according to existing
quasi-steady theories. However, when the gas temperature
external to the boundary layer and the wall temperature
were equal, in particular it was found that there was a
significant heat flux. The maximum heat flux was found to
occur at about 8° bTDC. Furthermore, it also concluded
that the heat flux during compression was larger than that
during expansion. Mohammadi et al. [4] used a CFD code
to compute the average heat flux and heat transfer coeffi-
cient on the cylinder head, liner, piston and intake and
exhaust valves of a spark ignition engine. In this study the
Woschni correlation was used to compare with the compu-
tationally determined total heat transfer on the combustion
chamber. From this comparison, close agreement was
observed. Results showed that maximum heat flux in each
part occurred at maximum cylinder pressure. It also
showed that the higher heat flux was on the intake valves,
and the heat flux on the cylinder head was more than on
the piston. Uchimi and coworkers [5] studied the condi-
tions of heat loss to combustion chamber walls in a direct
injection diesel engine. To characterise the heat loss to the
entire piston surface of this engine, measurements of ins-
tantaneous heat flux were conducted at different points
(piston crown, side and bottom of the cavity). Results
showed that there were differences in the piston surface
instantaneous temperature wave form, the instantaneous
heat flux wave form amplitude and the peak phase between
different measuring points. The results also showed that
the heat loss to the piston surface relative to the calorific
value of fuel was higher than those of the gasoline engine
measured in earlier studies. In this paper, we propose a
thermodynamic single-zone computational model based on
the step-by-step filling and emptying method proposed by

Watson et al [6] and valid for turbocharged diesel engine.
This study focuses on the investigation and analysis of the
effect of sevral engine parameters (thermodynamic and
geometric) on the convective heat flux and max heat flux
from fluide to the cylinder wall of the combustion chamber
to provide a better understanding on the convective heat
transfer of a turbocharged compression ignition engine.
For this purpose, a computer simulation programme is
developed in Fortran language, and use of a commercial
GT-Power software for comparison and validation of the
results.

2. Engine modeling and correlation

In internal combustion engines, heat loss from
combustion gases to the cylinder wall strongly influences
the thermodynamics of the engine cycle. This heat loss is
an important part of the energy balance, which influences
gas temperature and pressure, piston work, engine perfor-
mance, and emissions. Ordinarily, the convective heat
transfer from the cylinder gases to the walls is calculated
by estimating the engine-wall temperature and basing the
heat flux on the difference between the gas and wall tem-
peratures. The heat transfer coefficient used for the calcu-
lation is usually adopted from empirical Hohenberg’s cor-
relation. In this article, all assomptions and approxima-
tions are cited in following paragraphe (Fig. 1):

¢ No spatial variations were considered, so the mo-
del was said to be zero-dimensional.

e The combustion chamber contents are fully mixed
and spatially homogeneous in terms of composition and
properties during the whole engine cycle.

e The working fluid is air, which continuously cir-
culates in a closed loop (cycle) and always behaves as an
ideal gas.

e The heat release is calculated based on the first
law of thermodynamics by taking the average value of
pressure versus crank angle.

e The in-cylinder pressure and temperature are uni-
form across the combustion chamber.

e The heat is only transferred to the combustion
chamber walls and the heat losses through other engine
parts are neglected.

e The heat flow through the combustion chamber is
a steady one-dimensional process.

e The coefficient of convective heat transfer is uni-
form across the combustion chamber.

e In the intake manifold, the thermal transfers are
negligible in the gas-wall interface ; this hypothesis is
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acceptable since the manifold temperature is near to the
one of gases that it contains.

The variation of the mass in the intake manifold
depends on the compressor mass flow and the flow through
of valves when they are open.
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Fig. 1 Engine cylinder as an open thermodynamic system

Eqg. (1) was used to model the single zone base on
the 1%t law of thermodynamic:

dU =dQ —dW + hdm. 1)

The chemical energy released during the calcula-
dQ

tion is calculated using Eq. (2): where is the heat re-

is the convection heat

leased due chemical energy, %

min

transfer,

is the mass flow through the intake valve,

% is the mass flow through the exhaust valve, Q,,,, is

the lower heating value of fuel, C_ is the specific heat at
constant pressure, C, is the specific heat at constant vol-
ume, T, is the wall temperature. This ordinary differential

equation can easily be solved numerically for the net heat
release trace:

d_Q: inn + dQcomb _ onut _ tht _

dt dt dt dt dt
dm. dmfb dm dQ

-C — T 4" _C oty = (2)
Pdt ¢ dt Qv =G, dt ¥ dt

2.1. Heat loss model in 0-dimensional model

Heat transfer from the combustion chamber to the
cylinder wall occurs by convection and radiation. In diesel
engines, radiation heat transfer is negligible because its
effect is very small, due to low soot and low temperature
combustion [7], [8]: therefore it is ignored [9]. By applying
the assumption of steady heat transfer for the present
study, the convective heat transfer can be calculated by
multiplying the simultaneous heat transfer coefficient, the
instantaneous heat exchange area and the temperature
difference [10]:
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dQy,
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=AMT-T,),

where Ty is the temperature walls of the combustion
chamber (bounded by the cylinder head, piston head and
the cylinder liner). From the results of Rakapoulos and al.
[11], Tw is assumed constant.

The instantaneous wall area A, in m? is the sum of
the piston, cylinder head and cylinder wall area, which is:

7D’ 7D’ 4V,
A, = 2 +( p + 5 J+
J{ﬂD%(R-rl—cosa)t— Rz—sinz(a)t))}, )

where v, is the minimum cylinder volume (or the Clea-

2l . . .
rance volume, m®); R = n is the ratio of connecting rod

length to crank radius; | is the connecting rod length, m;
L is the piston stroke, m; D is the cylinder bore, m.

2.2. Correlation of Hohenberg

In 0-dimensional modelling, an empirical sub-
model is used for the heat transfer coefficient, where the
model does not contain any physical or chemical princi-
ples. In this paper, the heat transfer coefficient is modelled
using the Hohenberg’s correlation. On the other hand, this
correlation includes some modifications to the Woschni
equation, where it uses instantaneous cylinder volume
instead of bore. In addition to that, the characteristic veloc-
ity is replaced with the effective gas velocity, and the tem-
perature exponent has also changed [7]. The Hohenberg
correlation is [12]:

08 r7 0.8
I(hoh pcyl (Vpis + C)
0.6+ 04
cyl Tcyl

h(t) = , ®)

chl
gas volume at each crank angle position and k,, is the

constant of Hohenberg, which characterize the engine,
(kyo, =130) and c is the calibration constant that Hohen-

berg suggested to be 1.4 for the engine he studied [7].
The mean piston speed S._p , m/s, defined as:

where N is the engine rotational speed, rpm.

where p_, is the cylinder pressure; is the in cylinder

(6)

2.3. Calculation of the in-cylinder volume

The instantaneous cylinder volume at any crank
angle location can be determined from the compression
ratio, the stroke, bore and connecting rod length [13]:

-

c, -1
Vo, (1) =V, L1+ L

(R +1-cos(awt)—{/R* —sin® (a)t))} (7)



where t is the time corresponding to crank angle measured
with respect to the top dead center, s; w is the engine
speed, rad/s; c, is the compression ratio (c, =1+V, V. ); Vg
is the displacement volume, mé.
From these parameters, the instantaneous piston
cos(wt)

speed can be obtained :
JR? = sin? () J '

The instantaneous piston speed S, is zero at the
beginning of the stroke and approaches its maximum at the
middle of the stroke. It goes to zero again at the end of the
stroke.

s, :%sTpsin(wt)[u (8)

2.4. Calculation of the in-cylinder pressure

The in-cylinder pressure change in the zero-
dimensional single-zone model is calculated by the ap-
proach suggested by [14]:

dpcyl _ LFRT. in _ RT dmcyl D chyl —|><
dt Vv, L " o dt o dt J
X]/—lrdmfb _thl—| (9)
un{_ de ~Y dt J'

where A is the specific heat ratio (1 =C_/C,).

2.5. Calculation of the in-cylinder temperature

Once the pressure is obtained from equation (9),
the in-cylinder temperature is determined theoretically by
using the ideal gas law [15]:

RT,

pcylvcyl =m cyl ! (10)

cyl

where R is gas constant, kJ/kg K.
dm

dT,, F[ [h dmj —Z[ho I
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In equation (11), many terms will be zero in some

control volumes all or some of the time. For examples:

dv

dQy
—
dt z

] R
out

cyl

(11)

d
h, <0

J and
dt in

dm . dmfb .
hoI are zero for the cylinder, e is zero the
out

cyl

is zero for the manifolds, (

mcyl

manifolds, u is zero for the cylinder except for mass
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addition of fuel during combustion, is neglected for

the inlet manifolds, 2—; is zero for the cylinder except

during combustion (when fuel is added, hence ¢ changes),
and (hy)
enthalpy of formation h, ) are constant values. To evalu-

ate the differential Eqgs. (9) or (11), all terms of the right
side must be found. The most adapted numerical solution
method for these equations is the Runge-Kutta method.

specific enthalpies (h, ), (except the specific

out

3. Simulation programs of supercharged diesel engines
with FORTRAN and GT-Power

3.1. The thermodynamic simulation program in
FORTRAN language

A quasi-one dimensional thermodynamic model
was developed in this paper to study the effect of varying
engine parameters on the convective heat flux as a function
of the crank angle throughout the important processes
(compression, combustion and expansion) in the combus-
tion chamber of a 6-cylinder turbocharged diesel engine.
The thermodynamic simulation program was written on the
FORTRAN code. Its solves the governing differential
equations that represent the rates of change of the cylinder
temperature, pressure and convective heat flux. The
FORTRAN heat release code was written with a modular
structure, where the bulk of the main program consists of
subroutine call commands. In Fig. 2, each box represents a
subroutine that is called by the main program. Most of the
computation in the heat release code takes place in these
subroutines. This architecture allows the code to be under-
stood and modified easily by future contributors. To initial-
ize a convective heat transfer calculation, the operational
parameters must be defined through the ‘Input/Output
Parameters’ window. Here, the location of the source data
(The valve and injection timings, engine geometry, engine
speed and inlet pressure were entered into the model) is
identified, as well as the destination of the heat release
output. The subroutines that are first called by the main
program are used either to prepare the input data for calcu-
lation, or to determine important parameters that are used
in the heat release calculation. Once these parameters have
been calculated, the cylinder convective heat transfer,
work, and internal energy are determined and then summed
to arrive at the heat release. Additional subroutines com-
pute the mass fraction burned and rate of heat release. The
heat release program uses implicit iteration techniques to
converge on final heat release values. The program recal-
culates the mass fraction burned at each crank angle and
compares its value at EVO with its value from the previous
iteration. If the difference between the two is greater than
some user-defined small value, the program will continue
the iteration process. Otherwise, the program ceases to
iterate and the final output is reported. For the closed cycle
period, Watson recommended the following engine calcu-
lation crank angle steps: 10°CA before ignition, 1°CA at
fuel injection timing, 2°CA between ignition and combus-
tion end, and finally 10°CA for expansion (6).
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Fig. 2 Organization chart of a 6-cylinder turbocharged diesel engine modeling process

3.2. Simulation with the GT-Power software

The software uses one dimensional gas dynamics
to represent the flow and heat transfer in the components
of the engine model. The user constructs the model by
dragging and dropping objects in the graphical user inter-
face GT-SUITE, where the component database offers a
broad range of engine components. After linking the com-
ponents with connection objects the user may define prop-
erties for each component, setting up simulation options
such as convergence criteria and specify desired output
plots before running the simulation. To model the engine
in GT-Power there are objects like cylinders, crankcases,
pipes, turbochargers and so on, that are easy to modify by
desire. Fig. 3 shows the GT-Power model of a 6-cylinders
turbocharged diesel engine and intercooler. In the model-
ing view, the engine, turbocharger, intercooler, fuel injec-
tion system, intake and exhaust system are considered as
components interconnected in series. The line of exhaust
manifold of the engine is composed in three volumes; the
cylinders are grouped by three and emerge on two inde-
pendent manifold, component two thermodynamic systems
opened of identical volumes, and a third volume smaller
assures the junction with the wheel of the turbine. The
turbocharger consists of three main parts that the efficien-
cy, the turbine, the compressor and the bearings. The tur-

bine and compressor are mounted on the same shaft and
rotate with the same angle velocity. The turbine is driven
by the energy available in the exhaust gases and the com-
pressor increases the inlet air density prior to each cylin-
der. The maximum power output an engine can deliver is
limited by the amount of fuel that can be burned efficiently
in the cylinder. The mass of fuel that can be burned is
depended of the amount of fresh air that is inducted during
each cycle. By using a turbocharger more mass of air can
be inducted into each cylinder. The fuel economy of a
turbocharger engine is influenced by the same factors as
the naturally aspirated engine. The compression ratio is of
great importance, a turbocharged engine makes a reduction
of the geometric compression ratio compared to a naturally
aspirated compression ignition engine necessary. There is
relation between the boost pressure and the geometric and
effective compression ratio. A high boost pressure requires
a low geometric compression ratio, which leads to an in-
crease in the fuel consumption [16]. In the engine the in-
tercooler is used to cool the air that comes from the com-
pressor, because when using a turbocharger the air density
increase and so the inlet temperature will increase, also.
The intercooler is an air-water cross flow heat exchanger.
The cooler consists of a big volume with many small pipes
where the internal air is flowing through [17].
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Fig. 3 A 6-cylinders turbocharged diesel engine model using the GT-Power software [18]

4. Results and discussion

The chosen engine parameters to evaluate the
convective heat transfer versus crank angle in this study
are: the engine speed N, the compression ratio C,, the
stroke bore ratio R, = L/D, the injection timing T, ., the
cylinder wall temperature T,,,and the injected fuel mass
m;.

The main parameters of the chosen turbocharged
direct-injection diesel engine are showed in the following
table (Table 1) [18], [16].

Table 1
Engine specifications [16]
Engine parameters Values
Bore D, mm 120.0
Stroke S, mm 175.0
Displacement volume Vg, cm?® 1978.2
Connecting rod length I,mm 300.0
Compression ratio, - 16.0
Inlet valve diameter, mm 60
Exhaust valve diameter, mm 38
Inlet Valve Open IVO, °CA 314
Inlet Valve Close IVC, °CA -118
Exhaust Valve Open EVO, °CA 100
Exhaust Valve Close EVC, °CA 400
Injection timing, °CA 15°BTDC
Direct
Fuel system, - e
injection
Firing order, - 1-5-3-6-2-4

4.1. Effect of the engine speed

As the engine speed increases, the gas velocity in-
to and out of the engine will increase and this leads to a
rise in convection heat transfer coefficients. This effect
increases the heat transfer occurring during intake and
exhaust strokes and even during the early part of the com-
pression stage, whereas, during the combustion and power
stroke. Figs. 4 and 5 shows the influence of the engine
speed (N= 1200, 1400 and 1600 rpm) on the convective
heat flux and the max convective heat flux versus crank
angle at full load, advance injection of 15° bTDC. From
this figures, when an engine runs at higher speeds, the time
per cycle is less. The combustion in the engine occurs over

Heat Flux (Positive=Fluid To Wall)

6000
o GT-Power N=1200 rpm
-+Fortran N=1200 rpm
5000/ [+Fortran N=1400 rpm
o GT-Power N=1400 rpm
-+ Fortran N=1600 rpm
4000/ |+ GT-Power N=1600 rpm
=
=
% 3000
]
o)
E 2000
1000
-1 ]
-‘?00‘0 -100.0 0.0 100.0 180.0

Crank Angle [deg]
Fig. 4 Convective heat flux versus crank angle for engine
speed of 1200, 1400 and 1600 rpm
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about the same burn angle at all speeds, which means the
time of combustion is less at higher speeds, resulting in
less time for self-ignition and knock. However, the time for
heat transfer per cycle will be less and that means the en-
gine runs hotter, which leads to increased knock problems.
If the engine speed augments of 200 rpm (from 1400 to
1600 rpm) then, the max value of convective heat flux
decreased an average of 15%. Therefore, it can be ob-
served that some engines have an increased knock problem
at higher speeds where as some have less problems at
smaller engine speeds [19].

4.2. Effect of the compression ratio

Figs. 6 and 7 shows the influence of the compres-
sion ratio (Cr= 16:1, 19:1 and 21:1) on the convective heat
flux and the max convective heat flux versus crank angle at
full load, advance injection of 15° bTDC and engine speed
of 1400 rpm. From this figures, increasing the compression
ratio raises the heat flux slightly. For example, raising the
compression ratio to 2:1 (from 19:1 to 21:1) increases the
maximum values of convective heat flux by about 4 per-
cent for GT-Power and the elaborate software. Several of
the combustion characteristics change as the compression
ratio increases such as cylinder gas pressure, peak gas
temperature, gas motion and convective heat transfer, and
also the combustion becomes faster as the compression
ratio increases [20]. In general, the higher the compression
ratio, the more expansion cooling will occur during the
power stroke, which leads an increasing the convective
heat transfer and to cooler exhaust.
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Fig. 6 Convective heat flux versus crank angle for com-

pression ratio of 16:1, 19:1 and 21:1
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4.3. Effect of the stroke-bore ratio

The influence of the stroke bore ratio on the con-
vective heat flux of a turbocharged diesel engine is repre-
sented in Figs. 8 and 9. If this parameter increases, the
friction losses are important with increasing the engine
speed, as result; the convective heat flux increases [21]. If
the stroke bore ratio augments of 0.5 (from 1.5 to 2) then,
the max value of convective heat flux increased an average
of 6%.
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Fig. 8 Convective heat flux versus crank angle for the

stroke bore ratio of 1.0, 1.5 and 2.0
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4.4. Effect of the cylinder wall temperature

Different materials are used in manufacturing the
cylinder and the piston components of engines, which
results in different operating temperatures. The commonly
used materials are cast iron and aluminium, which have
substantially  different thermal conductivities. The
influence of the cylinder wall temperature is represented
also in Figs. 10 and 11, more the difference temperature
between gas and wall cylinder is high, then the losses by
convective exchange is higher [18]. If the cylinder wall
temperature increase by 100°K (from 450°K to 550°K), the
max convective heat flux decrease about 12% . So there is
substantial interest in using materials that could operate at
much higher temperatures so that the heat loses from the
working fluid would be reduced.
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Fig. 10 Convective heat flux versus crank angle for the
cylinder wall temperature of 350, 450 and 550 K
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Fig. 11 Max convective heat flux for the cylinder wall
temperature of 350, 450 and 550 K

4.5. Effect of the injection timing

An important factor affecting the compression
ignition engine performances is the injection timing. As the
injection timing is advanced (from 5 aTDC to 15 bTDC) in
the diesel engine, the convective heat flux is increased, as
shown in Figs. 12 and 13. The same trend would be
expected in spark injection engines when the spark timing
is advanced [19]. If the advance injection is advanced
(from 5 aTDC to 15 bTDC) then the max convective heat
flux from fluid to the combustion chamber wall increases
to 15% respectively. Retarding the injection timing makes
the combustion occur later and decreases the burned gas
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temperature. Late ignition timing extends the combustion
process further into the expansion stroke, which results in
smaller convective heat transfer.

7000 Heat Flux (Positive=Fluid To Wall
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o GT-Power Tinj = -15 bTDC
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Fig. 12 Convective heat flux versus crank angle for injec-
tion timing of 15°, 5° bTDC and 5° aTDC
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4.6. Effect of the injected masse fuel

As the conventional diesel engines are quality-
governed engines, to vary the load or speed, the quantity of
fuel to be injection will be varied, there by varying the
quality of mixture. Figs. 14 and 15 shows the variation of
the convective heat flux and the max convective heat flux
versus crank angle for different masse fuel injected at
advance injection of 15° bTDC, compression ratio of 16:1,
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Fig. 14 Convective heat flux versus crank angle for injec-
ted mass fuel of 25%, 50% and 75% load
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and N = 1400 rpm. If the mass fuel injected in the cylinder
increases, then more fuel is burned in the cylinder and
therefore more heat is released that leads to higher convec-
tive heat flux, gas temperatures and pressures. If the masse
fuel injected in the cylinder increase by 50% (from 50% to
100%), so the max value of convective heat flux increase
of 15%.

5. Conclusions

A theoretical simulation model was developed for
the analysis of the convective heat transfer phenomena,
which occur in the combustion chamber of a 6-cylinder
turbocharged direct injection diesel engine. Effort has been
put into building a physical model based on the filling and
emptying method that can predict the convective heat flux
versus crank angle from fluid to the combustion chamber
wall for different engine parameters. The following param-
eters: stroke-bore ratio and compression ratio have a small
influence on convective heat flux and max value of con-
vective heat flux. While engine speed, angle of the start
injection, mass fuel injected and cylinder wall temperature
have great influence on convective heat flux and max value
of convective heat flux. Finally, the presented model can
significantly contribute to play a very significant role to
investigate the quality of combustion and the convective
heat flux inside the combustion chamber for different en-
gine parameters.
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Brahim Menacer, Abdelkader Soualmia, Cherif Belhout,
Mostefa Bouchetara

THE CONVECTION HEAT TRANSFER RATE EVA-
LUATION OF A 6-CYLINDER IN-LINE TUR-
BOCHARGED DIRECT-INJECTION DIESEL ENGINE

Summary

The in-cylinder convective heat transfer from the
combustion gas to the cylinder wall of the combustion
chamber has a strong effect on the diesel engine perfor-
mances. This study contribute to the knowing in this area
for the event of the convective heat transfer from fluid to
the cylinder wall of a turbocharged diesel engine with six-
cylinder direct injection operating under steady-state con-
ditions. An optimized choice of correlation was applied for
the evaluation of heat transfer coefficient, which is the
Hohenberg's correlation. We developed a computer pro-
gram for simulating the operation of a six-cylinder direct
injection turbocharged diesel engine, and using a commer-
cial GT-Power software to validate the simulation results.
The influence of certain engine parameters (thermodynam-
ic and geometric) on the convective heat flux and its max-
imum value are studied in the present paper. The results
show that the convective heat transfer characteristics as a
function of crank angle of the six cylinder turbocharged
diesel engine strongly depend on the engine injection tim-
ing, the cylinder wall temperature and load for the both
softwares; FORTRAN and GT-Power.

Keywords: 0-Dimensional model, Thermodynamic and
Geometric parameters, Convective heat transfer, Hohen-
berg's correlation, Computational simulation, Diesel en-
gine, GT-Power software.
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