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1. Introduction 

Due to their load-carrying capacity and economi-

cally affordable nature, rigid axles have a large area of use, 

especially in heavy commercial vehicle applications. The 

change in track width and camber angle as a result of vehicle 

body motions during the service is more significant for 

heavy commercial vehicles when compared to personal ve-

hicles. The smaller these parameters change, the lower tyre 

wear and rolling resistance are observed; and, as a result of 

the latter one, fuel economy is improved as well. Therefore, 

the vehicle serves more economically throughout its service 

life. Although the rigid axle suspension systems help to ob-

tain benefits in those mentioned above to a large extent, it 

also brings along problems regarding the vibration transfer 

and as a result of that noise disturbance [1, 2]. In addition, 

larger unsprung mass in rigid axle suspension systems com-

pared to those in independent suspension systems influences 

the road-tyre contact, and consequently the driving dynam-

ics in a negative way [3, 4]. In order to reduce the effects of 

this problem, keeping the unsprung mass as low as possible 

became one of the most essential goals in the design of ve-

hicle suspension systems. With an increasing rate, the heavy 

commercial vehicle manufacturers started using double-

wishbone type independent suspension system for the front 

axle of buses and trucks, as a consequence of the comfort 

and control concerns [5]. Aside from these, another ad-

vantage of the independent suspension systems can be given 

as the more effective usage of the vehicle interior volume 

[6].  

In this study, development and experimental vali-

dation stages of an independent front suspension system, 

which is considered to be used in the front axle of a semi-

trailer truck, is given. The approximate mass fraction of the 

truck is given in Fig. 1. From the diagram, it is understood 

that a slightly higher than a quarter portion of the total vehi-

cle mass stands for the suspension system in that kind of 

vehicle. The methodology used is summarised in Fig. 2. In 

the first part of the study, a semi-truck model with a rigid 

axle suspension system is considered and useful volume, as 

well as the approximate kinematic connection points are de-

termined, considering design restrictions.  Using MSC.Ad-

ams® Multibody Dynamics (MBD) commercial software, 

the initial kinematic model of the system is created and the 

variation range of the kinematic parameters depending on 

the vertical wheel motion is calculated. In the next stage, 

suspension system hardpoints that allow the minimum pos-

sible change in the camber angle and track width during the 

vertical wheel motion are determined with the help of a 

multi-objective optimisation module. 

 

Fig. 1 Approximate mass fraction for a truck tractor 

The obtained suspension geometry is then used to 

carry out matrix algebra-based force analyses and conse-

quently the applied forces for suspension system elements 

are determined as per units. Using the corresponding forces, 

the pre-dimensioning and mechanical design were made for 

the structural elements. For the selected critical load condi-

tions, the Finite Element Method (FEM) were carried out 

for the complete suspension system and stress concentrated 

regions were detected. In order to overcome possible failure 

during the service, some design improvements were applied 

to the relevant regions. At the final part of the study, pro-

duced prototypes were subjected to lateral and vertical fa-

tigue tests with the help of a hydraulic experimental set-up, 

in order to simulate real-life working conditions of the ve-

hicle. Throughout the tests, previously collected road data 

for equivalent vehicles with similar carrying capacity are 

employed. As a result of this study, it is seen that the de-

signed suspension system does not experience any static or 

fatigue failure.  

To the authors’ best, there are some studies regard-

ing the kinematic optimisation and mechanical improve-

ments of some structural elements in suspension systems are 

available in the literature. Yamanka et al. Developed a ge-

netic algorithm-based optimisation method for independent 

suspension systems [7]. Hwang et al. assessed a double-

wishbone type independent suspension system from a kine-

matic perspective and obtained optimal positions of con-

necting points by means of a genetic algorithm-based multi-

objective optimisation method [8]. Sancibrian et. al. per-

formed the kinematic design of a similar suspension system 

using a multi-objective dimensional synthesis [9]. Arikere 

et al. used a genetic algorithm based NSGA-II optimisation 
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algorithm to reduce the toe and camber angle change [10]. 

Zhang et al. employed a genetic algorithm based Isight-FD 

algorithm to optimise suspension system parameters [11]. 

Mechanical design optimisation related studies are also 

available in the literature. Heo et al. carried out a study using 

the meta-model approach for the shape optimisation of a 

lower wishbone that is used in a personal vehicle [12]. Alt-

hough they are not as frequently encountered as the others, 

there are also some works that focus on the independent sus-

pension systems for heavy commercial vehicles. Some of 

these are carried out by Yarmohamadi and Berbyuk, in 

which the kinematics and dynamics of relevant systems are 

evaluated employing analytical expressions and simulations 

[13, 14].  

 

Fig. 2 Workflow for the suspension system design 

The given papers focused mainly on the different 

aspects of the independent suspension systems, rather than 

investigating the design of the system as a whole. Hence, 

this study aims to contribute to the literature by presenting a 

methodology for an independent suspension system design. 

2. Design volume 

The design volume and the existing rigid suspen-

sion system of the truck tractor are given in Fig. 3. Here, the 

ground clearance h is constrained by the axle beam 2 and 

track rod 3. Due to its compact structure, hydropneumatic 

suspension element is utilised in design. As a result of 

avoiding not only the axle beam but also the leaf springs 1, 

the effective design volume increases significantly.  

 

Fig. 3 Rigid front suspension of the truck tractor 

3. Kinematic design and optimisation 

The main kinematic parameters, which are consid-

ered in double wishbone-type independent suspension sys-

tem design, are summarised in Fig. 4, a. The main objective 

of the optimum kinematic design study is the determination 

of suspension geometry, which satisfies the minimum 

change in camber angle σ and track width sRV during the ver-

tical motion of the wheel. The allowable design areas for the 

hardpoints are also given in Fig. 4, a. as well. The middle 

point of front track width O1 is taken as the location of the 

reference coordinate system (X1, Y1, Z1). Here, e.g. ζ is the 

position constraint of joint C in Y1 direction. Determinative 

factors for the proper control arm hardpoint positions C and 

D are the design volumes of steel wheel and brake disc, suf-

ficient volume for spring assembly and avoiding high bend-

ing loads on stub axle. Regarding A and E joints, through 

which the control arms are connected to subframe, the fac-

tors such as penetration of upper control arm to vehicle 

frame during a bump motion, ground clearance and the roll 

centre position, are considered. It is necessary that the roll 

centre is as close as possible to the ground during driving, 

in order to keep the change in camber angle and track width 

as small as possible [15]. In addition, the greater length c 

result in the smaller joint forces for lateral tyre loads [16]. 

In the model vehicle, front axle ground clearance h is deter-

mined by the axle beam. In this study, ground clearance of 

the model vehicle is used as a design constraint during opti-

misation stage. In order to determine the optimum locations 

of hardpoints, Design of Experiments – Response Surface 

Methodology (DOE – RSM) approach is employed. The op-

timisation is carried out using Adams/Insight™ software. 

The broad theoretical background of this well-known 

method is given in [17] and [18], whereas, a detailed appli-

cation for a multi-link steering mechanism of a bus can be 

found in [19]. To determine the proper design points, Cen-

tral Composite Design (CCD) is applied, which offered as 

an option in the definition of design table of Adams/In-

sight™ software [20, 21].  

Firstly, vertical wheel displacement simulation is 

applied to initial design model with maximum wheel travel 

range of ZR= ± 100 mm. Then, wheel camber σ and front 

track sRV are introduced to the software as design objectives. 

The maximum absolute values of kinematic parameters, 

which are obtained from the first analysis and the initial 
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kinematic design, are transferred to Adams/Insight™ soft-

ware. Considering design constraints and objectives, the 

highest and lowest physical values of selected factors are 

introduced to the software. Analysis type is selected as De-

sign of Experiments (DOE)–Response Surface Methodol-

ogy (RSM). Using the results of consecutive kinematic anal-

yses, which are applied to design candidates which are cre-

ated using design points selected by CCD approach, design 

matrix is generated. Finally, with the help of the regression 

model that is created using design matrix, optimal locations 

for the connection points are determined. The variation 

ranges of factors are selected as ±30 mm for AY and EY, and 

±15 mm for the remaining, taking the design constraints into 

account. The maximum, minimum and optimal values of the 

factors, as well as their highest values within ZR= ± 100 mm 

vertical displacement range, are given in Table 1. The 

“Maximum” and “Minimum” rows given in Table 1 

represent the design candidates, which result in highest and 

lowest output values within the range of ZR= ± 100 mm, 

among generated design samples, respectively. The “Opti-

mal” row shows the maximum absolute values of the param-

eter, which is selected as objective, by using determined op-

timal geometry, within the relevant vertical displacement 

range. 

Table 1  

Variation ranges and optimal values of camber and half-

track for left front wheel 

Parameter σ, ° ΔsRV / 2, mm 

Target Minimum Minimum 

Minimum 0.409 16.36 

Maximum 4.472 34.057 

Optimal 1.838 17.789 

     

                                                         a                                                                                                   b  

Fig. 4 a) Kinematic parameters and design constraints (schematic); b) Comparison of initial and optimal model geometries 

The optimal kinematic model, which is generated 

using the connection points that are obtained as result of the 

optimisation process, is also compared with the initial model 

in Fig. 4, b. The variations of kinematic parameters, depend-

ing on the vertical wheel travel of tyre contact point R, are 

given in Fig. 5 for initial and optimised suspension 

geometries. As a general design rule, it is required that, the 

change in track width of steered wheels does not exceed 25 

mm for a total 80 mm of wheel travel (ZR= ±40 mm) [22]. 

When Fig. 5 is examined, it is seen that the design objective 

is met. It is obtained that, the changes in camber angle and 

track width are reduced by 30% and 57%, respectively. 
 

 

a                                                                                 b 

Fig. 5 Variations of kinematic parameters as functions of ZR: a. σ and b. sRV 

4. Joint forces 

It can be assumed that, in the most general case, a 

non-driven vehicle wheel is subjected to vertical P, lateral S 

and braking B forces. These forces, which are considered as 

acting through wheel contact point R, are carried by the 

springs and other suspension system elements, depending 

on the loading type. Fig. 6 shows the forces that act upon 

suspension system elements schematically. Here, RD is the 

dynamic radius of the wheel.  
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Fig. 6 Reaction forces on the suspension parts 

The notations in the figure are arranged such that, 

for example, {FC24}1 represents the force F which is trans-

ferred from wheel carrier 4 to lower control arm 2 through 

joint C, and expressed with respect to coordinate system 1, 

O1.  Furthermore, the total force equilibrium Σ{F2}1, and as 

an example, the moment equilibrium about the point C 

Σ{MC2}1 can be expressed in matrix form with respect to 

reference coordinate system O1, by neglecting inertial ef-

fects [23]: 

 2 11
0F = , (1) 

   21 21 241 1 11
0A B CF F F+ + = , (2) 
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, (3) 
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0= CM 2 , (4) 

    21 211 1 11 1
0AC A BC BR × F × R × F = , (5) 

here: {RAC}1 and {RBC}1 are skew-symmetric position ma-

trices which can be written with respect to reference coordi-

nate system as: 
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 
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 (7) 

Exact values of the matrix elements were deter-

mined in the previous chapter by using DOE. The matrix 

solution of the equation system which is generated by span-

ning the notation above to all suspension elements yields to 

determination of joint forces. Details of this procedure can 

be found in [23]. In order to determine the ratios of upper 

and lower joint forces of kingpin, which can possibly occur 

during vertical and lateral loading, a 1g load is applied from 

wheel contact point R, which is shown along with the model 

given in Fig. 6, in Y1 and Z1 directions separately. The com-

ponents of the reaction forces of joints C and D are given 

comparatively in Fig. 7 where, maximum force value is rep-

resented as 1.0. 

 

Fig. 7 Comparison of the reaction force components 

5. Mechanical design and optimisation 

The force analyses revealed that, especially under 

lateral loading, joint C of lower control arm is forced ap-

proximately 2.2 times of the upper control arm joint D. 

Therefore, it is suggested that, the connection of lower con-

trol arm should be made using a revolute joint R instead of 

a spherical joint S. The kinematic model of double wishbone 

independent suspension system which is designed within the 

scope of this study is shown in Fig. 8. 

 

Fig. 8 Kinematic model of the IFS 

In this design, the wheel carrier is mounted on the 

kingpin with a revolute joint G. The steering angle of the 

wheel is controlled by tie rod JK which is connected to the 

rod JG of the steering knuckle with a spherical joint. During 

the design process, it is considered that, wishbones are not 

forced under extra bending loads where possible. As a re-

sult, the ball joint of upper wishbone, which carries a 

smaller load, is located in such a way that the spherical part 

is mounted to the wishbone [24]. Moreover, the spring is 

mounted on kingpin instead of the lower wishbone. By this 

way it becomes possible to obtain a lighter wishbone struc-

ture. General view of the suspension system is shown in 

Fig. 9. The suspension knuckle axle is steered through king-

pin, similar to conventional double wishbone suspension 

systems. However, in this design, the connection between 

lower wishbone and kingpin is made using a revolute joint. 

The bearing on kingpin carries the connection pin for lower 

wishbone [25].  

Throughout the analyses which are carried out as a 

part of the mechanical strength validation, the standard 

quasi-static load conditions that are given in literature are 

applied [6]. In this study, besides the 1g static loading 1, the 

most critical three among the 16 relevant load types are se-

lected, namely, the 3g vertical bump 2, brake in turn 5, and 
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cornering 6 cases. The corresponding gravitational acceler-

ation g components are given in Table 2. The relevant com-

ponents may be considered as constants that are used for the 

forces which act through wheel contact point in static con-

dition. 

Table 2  

Selected standard load cases according to [6] 

Standard load case 
Acceleration in g 

X Y Z 

1. Static load 0,00 0,00 1,00 

2. Vertical bump (3g) 0,00 0,00 3,00 

5. Cornering 0,00 1,25 1,00 

6. Brake in turn 0,75 0,75 1,00 

 

Fig. 9 General view of the truck tractor IFS 

The generated parametric assembly model is ex-

ported to commercial FE software ANSYS® Workbench in 

order to apply stress analyses. During the analyses, the 

Young’s Modulus E is taken as 200 GPa and 170 GPa for 

steel and cast iron, respectively. The Poisson’s ratio is as-

sumed as υ= 0.3 (-). The weight of the suspension system is 

approximately 6.2% of the maximum design load that acts 

through the wheel contact point. Although they are rela-

tively low compared to service loads, the masses of the com-

ponents are also considered throughout the analyses. Under 

vertical loading condition, von Mises stress distribution that 

is obtained for the whole system is shown in Fig. 10, as well 

as the critical regions R1, R2 and R3.  

Due to its functions of carrying the spring force and 

wheel guidance during steering, kingpin is the most crucial 

structural element of the system. The ratios of maximum 

von Mises stresses σV that are observed in the critical regions 

to the yielding stress σy of pin material are shown in Fig. 11 

for the four assessed load cases. The assessment is made for 

three critical regions, namely, kingpin body a, shoulder fil-

let b, and the inner surface of the lower joint c in which roller 

bearings are mounted. It is seen that safety condition is sat-

isfied for the examined regions. 

Another critical structural element of the suspen-

sion system is the upper wishbone. This component is 

mainly forced to bending under vertical and lateral wheel 

forces during service. Torsional effects which may occur as 

a result of braking should also be considered. For this rea-

son, the cross-section of the upper wishbone is chosen as I-

type which exhibits resistance against both loading types. It 

was also formed, such as, compressive stresses occur at R1 

under vertical bump and braking loads. Even though it is 

subjected to lower forces during service when compared to 

lower wishbone (Fig. 7), as a result of its curved shape, 

stress concentrated regions are observed on this part as seen 

in Fig. 12. These stress concentrations are observed along 

an arc which is defined by ξ angle, and more locally, in re-

gion M. It is seen that, the highest stress which emerges as a 

result of load case 2 (3g). The relevant stress mainly exhibits 

compressive characteristic in bump mode. Orientation of the 

compressive principal stress σP for this condition is also seen 

in Fig 10. In order to reduce the stress concentration in the 

critical area, a shape optimisation study is also made. For 

that means, reinforcement of original I-section of wishbone 

(blue) with a rib c is considered as shown in Fig. 13. There-

fore, shear web thickness and rib height, which are given as 

P1 and P2, respectively, are specified as design parameters 

of the geometry.  

 

Fig. 10 Critical regions on the IFS FE model 

 

Fig. 11 σV/σy ratios on kingpin for selected load cases 

In optimisation process, CCD is also used. The de-

sign targets are assigned as the minimum stress and mini-

mum mass increase of the optimal part. When Fig. 7 is re-

viewed, it is seen that, the vertical load that acts through 

wheel contact point is carried by the wishbones, mainly 

along the lateral axis (±Y1). The reason for this is that the 

springs used in the suspension system are not connected to 

wishbones but to kingpins, and as a result, no large force 

components along vertical or longitudinal direction emerge 

in C and D joints. Thus, the optimisation study is made using 
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those forces which are considered that they act on (X1-Y1) 

plane. The upper and lower bounds of input parameters are 

specified by taking the manufacturing method of the part 

into account. During the structural optimisation, values of 

P1 and P2 varied between the 0.75-1.67 and 0.89-1.16 mul-

tiples of their initial values P1,0 and P2,0, respectively. 

 

Fig. 12 Stress concentration on the upper wishbone  

 

Fig. 13 Design parameters for the structural optimisation of 

the upper wishbone 

In Figs.14, a and b, the changes in the maximum 

von Mises stresses on critical region which occur due to cor-

nering and braking loading types are shown within the se-

lected range for them. Here, L is the initial design point. As 

expected, raise in both parameters aid reducing the stress 

concentration. The optimised structure of the upper wish-

bone is also seen in Fig. 13. The optimization study shows 

that, the rib could solely reduce the von Mises stress in the 

critical region by up to 21.1%. In addition to rib c, reinforce-

ment is also applied to that region of the upper wishbone 

which is termed as d. 

 

Fig. 14 Response surfaces: a) cornering; b) braking 

6. Prototyping and bench tests 

Since the vehicle suspensions are evaluated as 

safety systems, their fatigue behaviours should be deter-

mined experimentally. For that purpose, two prototypes of 

the final suspension design were produced for bench tests. 

The  general  view   of the  test  prototype is seen in  Fig. 15.  

 

 
 

Fig. 15 Test prototype of the truck tractor IFS 
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c 

Fig. 16 a) Bench test setup; b) Strain measurement points 

on the prototype; c) Dye penetrant inspection 
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Durability tests were performed in OTAM, Automotive 

Technology Research Centre in Istanbul, Turkey. The ex-

perimental setup is also shown in Fig. 16, a. Some details 

are not given due to the confidetiality policy of OTAM. The 

forces that are applied on the suspension prototypes are pro-

duced by actuators 1 and 2. Those which are produced by 

actuator 1 are carried by the hydropneumatic suspension 

unit. The bench tests were made in such way that the vertical 

motion of wheel centre is limited by ZR= ± 100 mm.  Strain 

values of three critical regions on which stress concentra-

tions are observed during finite element analyses, were 

measured with strain gauges. By this way, variation ranges 

of stresses which are likely to occur under dynamic loads 

were obtained in relevant areas (Fig.16, b). Orientations of 

the strain gauges were determined in accordance to the re-

sults of FE analyses. In order to examine whether any struc-

tural failure starts in one of the components of the system, 

the procedure was paused in certain intervals and a non-de-

structive failure test was applied using penetrant liquid as it 

is given in Fig. 16, c. At the first step of the tests, four times 

of nominal design load was applied to the prototype 1 verti-

cally with actuator 1. During this stage, no structural failure 

was observed on the suspension prototype. 

In the following step, the behaviour of the suspen-

sion system under the dynamic loads which emerge under 

real-life driving conditions was examined. To this end, the 

load characteristics that are produced considering the road 

data of a similar weight category vehicle were applied to 

prototype 2.  

The fatigue tests were carried out in three sub-

stages overall. Firstly, during driving on a rough asphalt 

road while fully loaded, the dynamic characteristics of 

stresses that are seen in the critical regions of suspension 

system were examined. As an example, the vertical acceler-

ation of wheel-end is given in Fig. 17. This acceleration 

fluctuates between the instantaneous maximum values of -

6,5g / +6,7g. 

 

Fig. 17 Vertical acceleration characteristic for rough asphalt 

condition 

The ratios of principal stresses which are observed 

on critical regions R1, R2, and R3 throughout the vertical 

fatigue tests to the yield stresses of component materials are 

shown in Fig. 18. It is seen that the peak values of the 

stresses remain in considerably low levels.  Secondly, the 

suspension prototype was tested under a cyclic test load that 

approximately corresponds to 2.5 g vertical acceleration 

within ±70 mm sinusoidal stroke. Note that, in open litera-

ture, 2.25 g is accepted as appropriate for durability evalua-

tions [6]. The change in principal stress ratio for R1 region 

is seen in Fig. 19 as example. The maximum stress ratio be-

comes 0.264. Here, compressive stress dominates the criti-

cal region at bump mode. In R2 and R3 regions, it is ob-

served that the stress ratios do not exceed 0.117 and 0.281, 

respectively. Stresses on R2 and R3 have tensile nature.  

 

a 

 

b 

 

c 

Fig. 18 Time-dependent stress ratios measured at critical re-

gions: a) R1; b) R2; c) R3 

 

Fig. 19 Time-dependent stress ratio measured at R1 under 

sinusoidal loading 

At the final step of validation study, the effects of 

braking forces on the system are evaluated. Therefore, a 

force that corresponds to 0.58 g braking acceleration is ap-

plied on the system using actuator 2. During braking, it is 

observed that the critical region of upper wishbone R1 

works under compressive stress. The maximum stress ratios 

on regions R1, R2 and R3 are -0.11, 0.074 and 0.344, respec-

tively.  

Throughout the bench test procedures, no means of 

failures such as overload or fatigue are witnessed on the sys-

tem. 

7. Conclusions 

In this study, development and validation stages of 

a double wishbone-type front suspension system for articu-

lated heavy commercial vehicles are presented. In that re-

gard, a design methodology which combines different ap-

proaches such as DOE – RSM, MBS and FEM is summa-

rised. Some results drawn from this study are summarised 
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below:  

• As a result of the kinematic optimisation study, in which 

MBS and DOE approaches are utilised, final suspension 

geometry satisfies the condition of ΔsRV ≤ 20 mm for ±40 

mm vertical wheel travel.  

• According to the results obtained from the FE analyses 

of the full suspension model, the most critical load case 

from mechanical strength perspective is specified as 3 g 

vertical bump (2). Analyses showed that the critical 

components of the suspension satisfy the strength condi-

tions for this case. 

• A series of bench tests including various loading scenar-

ios were applied to the suspension prototype. Stress 

types observed in FE analyses agree with those obtained 

from bench tests. No structural failure was observed dur-

ing these tests. 

• The designed suspension system (pair) is about 31 % 

lighter compared to a rigid axle suspension system with 

same carrying capacity excluding tyres and steel wheels. 
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M. M. Topaç, C. Olguner, E. Bahar 

DEVELOPMENT OF AN INDEPENDENT FRONT  

SUSPENSION FOR TRUCK TRACTORS 

S u m m a r y 

Design and experimental validation stages of an in-

dependent front suspension (IFS) that is designed for truck 

tractors of articulated commercial vehicles are summarised. 

Firstly, the suspension geometry, which satisfies the re-

quired conditions of minimum deviation of camber angle 

and track width during wheel travel, is obtained within the 

given design volume by using Multibody Systems (MBS) 

and Design of Experiments (DOE) approaches. Subse-

quently, the kinetic analysis is carried out for the suspension 

system and the critical design loads that may act on the 

structural elements are determined. Taking these loads into 

account, the mechanical design of the suspension system el-

ements is performed. The Finite Element Analysis (FEA) is 

applied to the complete suspension system for the chosen 

critical load conditions. Stress concentrated regions on the 

crucial system elements are determined and improvements 

are indicated, which result in the reduction of stress concen-

trations. In the last part of the study, prototyping and fatigue 

tests are carried out. Throughout bench tests, in which real 

service conditions are simulated, no failure of any sort is en-

countered. The final suspension pair is 31% lighter than an 

equivalent rigid front axle in terms of load capacity. 

Keywords: independent front suspension (IFS), heavy 

commercial vehicle, multibody systems (MBS), multi objec-

tive optimisation, design of experiments (DOE), finite ele-

ment analysis (FEA), fatigue. 
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