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1. Introduction
Due to strict exhaust gas regulations, much of the
current research in internal combustion engine development
is directed toward reducing emissions of particulates and nitrogen oxides to protect the environment [1]. So far, there
are two main methods (empirical and theoretical) to improve performance and minimize emissions from internal
combustion engines. Empirical methods give better results,
but these methods can cost more than theoretical models and
require more time on the design and testing side of new systems [2].
Generally, there are two models to do the mathematical simulation of internal combustion engines, the models based on fluid dynamics, which are based on the three
Navies Stokes equations, and the thermodynamic models,
which are based on the application of the 1st and 2nd laws
of thermodynamics to an open system of air-fuel mixture
and residual gas in the manifolds and cylinders. Several researchers studied the effect of both parameters (compression
ratio and equivalence ratio) on emissions in internal combustion engines, including the spark ignition engine [3]. Ahmet A.Y. et al. [4] studied the equivalence ratio effect on
engine emissions by using three types of gasoline fuels;
CNG, gasoline, and G9C1 (CNG mixture). The type of
G9C1 was found to have the lowest level of CO, followed
by CNG and gasoline. NOx emissions are higher in the
G9C1 (the maximum values of NOx are 0.0098 for CNG,
0.0070 for G9C1, and 0.0043 for gasoline). Ahmadipour S.
[5] studied the effect of the compression ratio and the type
of injected fuels (diesel and B100) on the performance and
emissions of the turbocharged diesel engine. It was found
that CO and CO2 emissions are higher in diesel fuel by comparing B100 fuel, while soybean biodiesel (B100) emitted
more NOx. Maher A.R. et al. [6] developed a numerical
simulation program to study the effect of engine parameters
such as compression ratio, equivalence ratio, and engine
speed on the main performances (power, torque, and specific consumption) and NOx emissions from a carbureted
hydrogen engine. It's shown that the compression ratio and
the equivalence ratio have a remarkable effect on the performance and emissions of the engine. It must make a particular choice of these two parameters to have better engine performance. Gupta, S.K. et al. [7] evaluated the impact of the
compression ratio on the combustion parameters and emission of a spark-ignition engine for several operating conditions. The results showed that if the engine is running with

a low load (about 5 Nm) and if the compression ratio increases by a value of 1.7 (from 6.7: 1 to 9.4: 1), then the
thermal efficiency increases by a value of 3.1% (from 9.8%
to 12.9%) and CO emissions decrease. For a compression
ratio of 9: 1, then power and thermal efficiency are maximum, while the average effective pressure and specific fuel
consumption are lower [8]. Considering the literature review, it has been noticed that the effect of compression ratio
and equivalence ratio on the emission characteristics of SI
engine with a two-zone model has not extensively been investigated. In this paper, the engine simulation model is
based on a two-zone thermodynamic model to characterize
each engine cycle phase to predict relevant spark engine
emissions.
2. Modeling engine equations
To build the two-zone combustion model, we have
chosen to make some simplifications in this article:
✓ In the two-zone combustion model, the combustion
chamber is divided into two zones (burnt and unburned)
which are assumed to be spatially homogeneous [9].
These two zones are separated by a flame front (see
Fig. 1).
✓ In the engine cycle and during the compression period,
the model is considered single-zone (homogeneous
mixture) and no pre-flame reaction.
✓ The case of ideal gases was taken as a hypothesis for all
calculations of the periods of the engine cycle (intake,
compression, combustion-expansion and exhaust).
✓ No heat transfer between the two zones (burnt and unburnt) [10]. Each of these zones is considered to be thermally insulating.
✓ For the two manifolds (intake and exhaust), the pressure and the temperature of the gases are considered
constant.
✓ We neglected the valve leakage and blow-by in this article.
The energy conservation, ideal gas and mass conservation equations are used in the two-zone combustion
model [11]: The cylinder total mass of gas is given by:

m = mb + mu .

(1)

For the two-zone combustion model, the sum of the
volumes of the two zones (burned and unburned) gives the
total volume of the combustion chamber:
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V = Vb + Vu .

(2)

Fig. 1 Spark engine using dual-zone combustion model
For each combustion zone, the equation of state of
the ideal gas is:

 P  Vu = mu  Ru  Tu
.

 P  Vb = mb  Rb  Tb

(3)

For each combustion zone (burnt and unburned),
the pressure and temperature equations are [12]:
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=
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Starting from the same pressure assumption and including the logarithmic derivatives, the internal energies of
the burnt and unburnt gases can give as follows:

 lnvb lnvb  dp
ub 
pv lnvb  dTb
=  c pb − b
− vb 
+

 ,
 
Tb lnTb  d
 lnTb lnp  d

(14)

uu 
pv lnvu
=  c pu − u
 
Tu lnTu

(15)

(6)

(7)

ln b 0.5 Tb − Tw
x
+
lnTb
Tb



,

ln u
T
−
T
1 − x 0.5 ) u w 
(
lnTu
Tu 

2
dx  b ln b x hu − hb  dx ( x − x ) C 
C = − b − u
−
 −
,
d c p ,b lnTb
Tb

 d


 ln u   b ln b 
,

 +
P lnP 
 lnTu 

 dp
 .
 d

The heat loss of the gases for the two zones (burned
and unburned) depends on the rate of change of the specific
entropy. Its expression is given by [15]:
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The mixture state is given by the following equation [16]:
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The constants A, B, C, D, E are calculated by using
of Olikara and Borman model [13] :
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Based on the fact that the pressure of burnt and unburnt gases is the same, vb and vu depend on Tb, Tu and P.
So we can replace the logarithmic derivatives of Depcik's
model [14], we find:
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During a modelization with only one fuel [17], the
equivalence ratio is calculated by:
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where: hi ,c , ho ,c is valve lift; m is mass flow; T1 is gas temperature at inlet channel; dν is inner valve seat diameter; Di,
Do are average channel diameter.

3. Modeling of heat transfer in the combustion chamber:
This investigation takes into account only the heat
transfer by convection. Heat transfer by radiation and by
conduction through the walls are neglected. Newton's equation is used to calculate the heat flux from the in-cylinder
gas to the combustion chamber walls [18]:
dQw ( )
1
=
 h( ). Aw ( ).(Tg ( ) − Tw ),
d
6.n

(25)

dQw ( )
snapshot convective heat transfer rate;
d
Aw ( ) is napshot wall area; Tg ( ) is Snapshot gas tempera-

where:

ture; Tw is cylinder wall temperature; h( ) is instantaneous
local mean heat transfer coefficient; n is engine speed.
The instantaneous local mean heat transfer coefficient h( ) for the cylinder is given by the Woschni correlation [19]:
h( ) = 130.D −0.2 .Tg−0.53 . pg0.8 . g0.8 .

4. Configuration of the developed engine simulation
program
GT-Suite software is a simulation tool for modeling internal combustion engines' combustion. In the current
study, GT-Suite is used to investigate the combustion behavior and the emissions characteristics in a four-stroke
spark-ignition engine with a single cylinder and fuel injection. The characteristics of this engine are presented in Table 1. The GT-Suite engine software allows the user to
model an internal combustion engine using the predefined
elements provided in the software toolbox. Connectors connect the various components to establish the complete motor
model. The simulation model developed with the GT-Suite
engine software is shown in Fig. 2.

(26)

The average cylinder gas velocity νg is calculated

Fig. 2 Spark engine model with GT-Power software

as:
5. Results and discussions
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(27)

where: cm the average piston speed; Vd the displacement volume; p1, T1, V1 the reference pressure, temperature, and volume, respectively; k1 and k2 are coefficients that depend on
the stroke of the engine cycle. k1 has a value of 6.18 for the
gas exchange phase and a value of 2.28 for compression,
combustion, and expansion. k2 has a value of 3.24×10-3 for
the combustion and expansion periods and a zero value (k2
= 0) for the other strokes of the engine cycle [20].
In This paper, we take into consideration the phenomenon of heat transfer between the gas and the walls of
the intake and exhaust manifolds in the cylinder head. The
heating fresh gas mixture phenomenon on the intake side is
not neglected. However, the calculation of the fill rate would
be too high. For the exhaust side, the heat transfer of the
burnt gases to the wall of the exhaust manifold is also taken
into account so as not to have excessively high exhaust gas
temperatures. Using the Zapf approach to determine the heat
transfer coefficient [21].
The heat transfer coefficient in the case of the inlet
channel is given by:

e
hi ,c = 2,1515. 1 − 0, 765.  ,i

d ,o


 0,68 −0,28 −1,68
 .mi .T1 .Di ,


(28)

and for the outlet channel:

e
ho ,c = 1, 79102. 1 − 0, 770. o ,

do ,


 0,5 0,41 −1,5
 .mo .T1 .Do ,


(29)

Table 1 gives the main engine specifications and
operating conditions to simulate the results for a single-cylinder direct injection spark ignition engine.
Table 1
Main spark Engine specifications
Parameters and units
Bore, mm
Stroke, mm
Connecting road, mm
Compression ratio, Cylinder number, Injection timing, BTDC
Intake valve opens, BTDC
Intake valve closes, ABDC
Exhaust valve opens, BBDC
Exhaust valve closes, ATDC

Values
80.6
88
300
9.1
01
10°
11°
32°
35°
16°

Fig. 3 shows the cylinder pressure curve obtained
using the GT-Power simulation software at full load and engine speed of 3600 rpm for a compression ratio of 9:1 and
equivalence ratio of 0,9. We used the experimental cylinder
pressure of Smin et al [22] to validate our simulation model.
There is a good agreement between the simulation and the
experimental result.
Fig. 4 represents the variation of the in-cylinder gas
temperature as a function of the crankshaft angle in the two
zones (burnt and unburnt), engine speed of 1600 rpm, at full
load and for two engine equivalence ratios (ER = 0.8 and
0.9). A very rapid increase in temperature of the burning
zone with the start of combustion is depicted. The high burning zone temperature is responsible for the formation of NO
and soot. And on the other hand, a slight change in temperature in the unburned zone.
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compression ratio and decreases with the engine speed increase. At an engine speed of 1800 rpm, if the compression
increases by 2 (from 9:1 to 11:1), the CO increases by 3%.
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Fig. 3 Experimental and theoretical results comparison of
in-cylinder pressure versus crank angle [22]
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5.3. Influence of the compression ratio on the HC
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Fig. 7 show the effect of the compression ratio on
the CO for different engine speed. The HC increase with the
compression ratio and decrease with the increase of the engine speed. At an engine speed of 1800 rpm, if the compression increases by 2 (from 9:1 to 11:1) so the HC increase by
4 %.

500

0
-20

0

20

40

60

80

100

Crank angle (deg)
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5.1. Influence of the compression ratio on the NOx
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The effect of the compression ratio on the NOx for
different engine speed is shown in Fig. 5. The NOx decrease
with the increase of the compression ratio and the engine
speed. At an engine speed of 1800 rpm, if the compression
increases by 2 (from 9:1 to 11:1) so the NOx decreases by
7%.
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Fig. 5 NOx versus engine speed variation for different values of compression ratio at full load
5.2. Effect of compression ratio on the carbon monoxide
emission (CO)
Fig. 6 shows the compression ratio effect on the
CO for different engine speeds. The CO increases with the

The effect of the equivalence ratio on the NOx for
different compression ratios is shown in Figure 8. The NOx
increases with the equivalence ratio and decreases with the
compression ratio increase. At an engine speed of 1800 rpm,
if the equivalence ratio increases by 1 (from 0.8 to 0.9), the
NOx increases by 6%.
5.5. Influence of the equivalence ratio on the CO
The effect of the equivalence ratio on the CO for
different engine speed is shown in Figure 9. The CO increases with the compression ratio and decreases with the
equivalence ratio increase. At an engine speed of 1800 rpm,
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if the equivalence ratio increases by 1 (from 0.8 to 0.9), the
CO decreases by 4%.
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6. Conclusion
The paper attempts to shed some light on the effect
of compression ratio and equivalence ratio on the main
emissions of the direct injection spark engine. The thermodynamic cycle program uses the two-zone combustion analytical model to study the spark engine emissions such as
hydrocarbons, carbon monoxide, and nitrogen oxides. The
model is constructed by using of the GT-Suite simulation
software. Through experimental tests and the GT-Power
commercial software, it was possible to evaluate the effect
of the various engine parameters (such as compression ratio
and equivalence ratio) on the main emissions characteristics
of the investigated engine. Based on the computational studies in predicting the heat transfer of the diesel engine, it can
be concluded that:
✓ The comparison between the developed analytical
model and experimental data for the in-cylinder pressure shows an acceptable agreement for both results. So
our simulation program is validated by this comparison.
✓ The compression and equivalence ratios have a remarkable effect on the spark ignition engine emissions results. These two parameters must be considered to obtain better performance characteristics from the engine.
By considering a multi-zone combustion model instead of a two-zone model, we will be able to predict the
engine's behavior in terms of engine performance and pollutant emissions.
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5.6. Influence of the equivalence ratio on the HC
The effect of the equivalence ratio on the HC for
different engine speed is shown in Fig. 10. The HC increases
with the compression ratio and decreases with the equivalence ratio increase. At an engine speed of 1800 rpm, if the
equivalence ratio increases by 1 (from 0.8 to 0.9), the HC
decreases by 5%.
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B. Menacer, K. Naima, M. Bouchetara
NUMERICAL MODELLING OF EMISSION CHARACTERISTIC FOR A SINGLE CYLINDER SPARK IGNITION ENGINE
Summary
The main objective of this study is to elaborate an
engine cycle simulation program using GT-Suite software
to analyze the influence of equivalence ration and compression ratio on the main emissions of a four-stroke direct injection spark ignition engine. The experimental result is
used to compare the cylinder pressure result obtained with
the developed model. The present article is a study of the
effect of compression ratio and equivalence ratio on the
main emissions of the direct injection spark engine for a
two-zone combustion analytical model and by using of the
GT-Suite simulation software. The developed analytical
model is validated by the use of experimental data. The analytical curve of the pressure in the combustion chamber is
experimentally validated with a difference of the order of
6%.
Keywords: tow-zone model; hydrocarbons; carbon monoxide; nitrogen oxides; spark engine; GT-Suite software.
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