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1. Solution of crankshaft’s equation of rotating motion 

 
The mathematical model of slider – link driven 

compressor, presented in the first part of the article, can be 
used for evaluation of unbalanced inertia forces, vibrations 
and losses due to friction. Possible alternatives of problem 
definition, solution algorithms, simulation examples and 
some results are presented in this article. 

Rotary behavior of the crankshaft is subject to the 
equation of rotating motion of the crankshaft Eq. (35) in 
[1]. The right term of the equation represents the driving 
torque and loads that are functions of ϕ , ϕ  and ϕ . The 
equation can be arranged to the expression ϕ =  

( )f , , ,tϕ ϕ ϕ= . The usual approach with hydrodynamic 
bearings is to assume that eccentricity ratio of the shaft 
center is lower than 1%, calculating friction coefficients 
for the bearings according to the Petroff law. In our case, 
however, the bearings are heavily loaded, thus the equation 
in which eccentricity in the bearing is taken into account 
was chosen for the model. The following system of four 
nonlinear equations is solved at every step of numeric inte-
gration 
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where kc , rc  are radial clearances of crankpin and crank-
shaft bearings ; kl , al , bl  are lengths of crankpin and 
crankshaft bearings (upper and lower). 

The first equation of system (1) is obtained from 
Eq. (35) in [1], the next three equations are obtained from 
Eq. (22) in [1] for the corresponding bearings. In the sys-
tem of equations the independent variables are angular 
velocity ϕ  and eccentricity ratios in the bearings kε , aε  
and bε . In the first equation of the system frictional mo-
ments ( )k k k kM f l d ,ε= ; ( )a a r aM f l d ,ε= ; 

( )b b r bM f l d ,ε=  are calculated according to Eq. (23) in 
[1] and friction coefficients are obtained from the Eq. (21) 
in [1]. Dimensionless coefficients PΦ  and TΦ  (Fig. 1, 2) 
were obtained by interpolation of classical reference tables.  

Motor torque is the function of angular velocity. 
Fig. 3 shows the experimentally measured motor torque 
characteristic for the motor with nominal capacity 120 W.  

Gas pressure in the cylinder required for the cal-
culation of gas force is calculated using the mathematical 
model described in [2, 3]. The relationship ( )cp f ϕ=  is 
obtained as a sequence of discrete values. Intermediate 
values are calculated using the spline interpolation.  

Before the equation of rotating motion of the 
crankshaft can be solved, mass characteristics of moving 
parts must be found. For solving equation of vibrations 
(42) or Eq. (43) in [1] the mass characteristic of the whole 
compressor are also required. Since the model is intended 
to be used by engineers at early stage of compressor de-
sign, calculation of the mass properties would be prefer-
able over the experimental methods of their determination. 
However, the whole compressor is heterogeneous body of 
complicated shape and calculation of its mass characteris-
tics is problematic. The gravity center and inertia moments 
of the compressor with the piston at the upper dead center 
were measured by applying the principle of rigid pendulum 
with measurement accuracy of about 2%. To simplify 
mathematical model, mass characteristics of the whole 
compressor were assumed constant. The mass characteris-
tics of moving parts were determined using 3D modeling 
in Solid Works. Models of the piston and the crankshaft 
with different values of stroke and diameter were built, the 
intermediate values of mass characteristics were obtained 
by interpolation. Model of the piston was built assuming 
the distance from the axis of rotation to the end of the cyl-
inder constant (as for current design of analyzed compres-
sor). While building the 3D models attention must be fo-
cused on proper positioning of coordinate axes, which 
must coincide with the coordinates used in the model.  

The first equation of system (1) contains variables 
4γ , 5γ  and 6γ , defined in Eq. (34) in [1]. These variables 

contain 1 5δ δ− , defined in Eq. (5) in [1]. However, values 
of the variables cannot be determined before the system (1) 
is solved, since directions of forces 1GNF , 2GNF  and BNF  
are unknown. The initial values of 3δ , 4δ and 5δ  are as-
sumed, and the assumption is verified after the forces are 
found from the Eqs. (11) in [1]. If the directions of the 
calculated forces do not coincide with the assumed direc-
tions, the assumption is changed and calculations repeated. 
The following algorithm is used at every step:  
1. Initial values of the variables 3δ , 4δ and 5δ  are set.  
2. The system of nonlinear Eqs. (1) is being solved nu-

merically; values of ϕ , kε , aε  and bε  are found. 
3. Using the Eq. (11) in [1], the constraint forces 1GNF , 

2GNF  and BNF  are calculated. 
4. Variables 3δ , 4δ  and 5δ  are being found using the 

Eq. (6) in [1]. If the obtained values do not coincide 
with  the initially  set values,   different  initial   values  
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Fig. 1 Load capacity coefficient PΦ  subject to eccentricity 

ratio ε  and l d  ratio ( l d step 0.1) 

 
  Fig. 2 Coefficient of friction in fluid film TΦ  subject to 

eccentricity ratio ε  and l d  ratio ( l d step 0.1) 

must be set and calculations repeated from the step 1. 
The values of variables 3δ , 4δ  and 5δ  from the 

last successful iteration are stored and used as initial set-
ting for the consequent step. Then initial settings will re-
quire adjustment only at the points, where constraint forces 

1GNF , 2GNF  and BNF  change their direction. 
 

2 Simulation results 
 
There are a few possible problem definitions for 

the calculation of crankshaft dynamic behaviour. If the 
values of friction coefficients cµ , sµ  are available, the 
following boundary condition must be satisfied 
( ) ( )0 2
d dt d dt

π
ϕ ϕ= , where ( )0

d dtϕ  is initial crank-

shaft speed ( 0ϕ = ; 0t = ); ( )2
d dt

π
ϕ  is final crankshaft’s 

speed ( 2ϕ π= ; t τ= , where τ  is the period of rotation). 
In such a case nonlinear shooting method can be applied, 
in which boundary value problem is replaced by sequence 
of initial value problems. Such conditions are used when 
rotation period cannot be experimentally determined, e.g. 
at the initial stage of new compressor design. 

When friction coefficients cµ , sµ  are not set, ad-
ditional information is required, e.g. rotation period τ . 

Friction    coefficients    can    be  assumed   equal  

c sµ µ= , and the problem is presented as the following 
system 

( ) ( )0 2

2 g

d dt d dt

t t
π

π

ϕ ϕ =


=
 (2) 

where gt  is given rotation period and 2t π  is rotation pe-
riod, obtained by solving differential equation (initial value 
problem). Nonlinear shooting method should be applied 
for solving the problem, with crankshaft speed ( )0

d dtϕ  

and friction coefficient c sµ µ µ= =  as independent vari-
ables. Such problem definition is suitable for model verifi-
cation and validation, since rotational frequency can be 
determined with simple experiment.  

An experimental compressor, based on CKH-
130H5 (from “Atlant”, Byelorussia) was chosen for model 
verification. Mechanical constants of the compressor are 
presented in Table 1. 

The Fig. 5 shows the rotary behavior of the crank-
shaft, calculated for evaporation temperature o

0 25 Ct = −  

and condensing temperature o40 Cct = . The calculated 
periodic time for one revolution of the crankshaft is 

20 538 ms.τ = .  The  crankshaft speed  ϕ   fluctuates from  

 
Fig. 3 Measured motor torque characteristics for the motor 

with nominal capacity 120 W 

 
Fig. 4 Calculated pressure in the cylinder cp ; 25ot = − ºC, 

55ct = ºC, refrigerant R600a 
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Table 1 
Mechanical constants 

 

kc   
5100.1 −⋅ m  1wh  3100.5 −⋅ m  kl  2106.1 −⋅ m  tR  21025.1 −⋅ m  pz  

21085.2 −⋅ m  
pc  

6105.6 −⋅ m  2wh  0 m  pL  
21074.4 −⋅ m tr  3105.9 −⋅ m  sz  2102.9 −⋅ m  

rc  5100.1 −⋅ m  zxJ '  6104.2 −⋅
2m kg  pm  

21047.9 −⋅ kg R  3109 −⋅ m  cµ  04.0  
D  2106.2 −⋅ m  zJ  41007.4 −⋅

2m kg  rm  0275.1 kg  cx  3105.8 −⋅ m  sµ  04.0  
sD  2101.2 −⋅ m  al  2102.1 −⋅ m  sm  21082.2 −⋅ kg bz  2102.3 −⋅ m  tµ  2105.9 −⋅ m  

e  3100.2 −⋅ m  bl  2102.1 −⋅ m  kr  3100.7 −⋅ m  1wz  0135.0− m  η  3108.3 −⋅ sPa ⋅

cre  41005.3 −⋅ m  cL  2104.3 −⋅ m  rr  3100.9 −⋅ m  2wz  21045.4 −⋅ m    
 

302.26  to  309.24 rad/s,   and hence  the speed  variation is 
about 2.28 %. The angular acceleration ϕ  fluctuates from 
-2484 rad/s2 to 1269 rad/s2 and the fluctuating p-p value is 
about 3750 rad/s2. The sharp peak of ϕ  at the time 18.7 
ms corresponds well to the first peak of cp  shown in Fig 4. 

Fig. 6 shows experimental results and correspond-
ing calculated values of crankshaft speed (revolutions per 
minute) subject to evaporation temperature 0t  

( )o55 Cct = . Calculated results simulate precisely the 

measured values – the difference is less than 0.2%. Friction 
coefficients assumed equal 0 04c s .µ µ= =  which is rea-
sonable for boundary lubrication. The same values of fric-
tion coefficients were assumed in [4] for friction in rotary 
compressor. In [5] also Coulumb type friction was used to 
describe friction at the vane tip and vane sides of rotary 
compressor, but lower values of friction coefficients were 
assigned (0.02). However, as recognized by authors, the 
calculated power input was always underpredicted. In [6] 
the connecting rod driven reciprocating compressor was 
analyzed. Authors considered friction coefficient between 
the cylinder and piston equal to 0.05 (friction in a fluid 
film was not taken into account separately). The rest fric-
tion coefficients considered equal to 0.02 (the latter value 
seems a bit overestimated, since the friction pairs should 
be under hydrodynamic lubrication). 

Fig. 7 and Fig. 8 show reactions and friction for-
ces, exerted on the piston. Most of the time the center line 
of the piston does tilt in clockwise or counterclockwise 
directions. Only for the short period the piston does not tilt 
and is pressed to the right side of the cylinder. This may be 
important  for  evaluating  volumetric losses because of the 

 

 
leak between compressors piston and cylinder, since such a 
position occurs in the discharge process, when pressure 
difference is the highest. According to [3], when the piston 
does tilt in clockwise or counterclokwise direction, the gas 
flow through the clearance 1.65 times exceeds the flow 
through the regular clearance (when centrelines of the cyl-
inder and the piston coincide). When the piston is pressed 
to the wall of the cylinder, the gas flow will be 2 times as 
big, as for the case of regular clearance.  

The Fig. 7 also shows the combinations of 3δ , 4δ  
and 5δ , occurring during normal operation of the compres-
sor. The following sets of corresponding variables do occur 
(-1, 1, 1), (1, -1, 1), (-1, 1, -1), (-1, -1, 1). To speed up the 
calculations, these sets should be verified first.  

Fig. 9 shows loads of the bearings, and Fig. 10 
shows calculated eccentricity ratios of the bearings. Selec-
tion of 3D model for the crankshaft is reasonable, since for 
the 2D model of the crankshaft the calculated loads Fa and 
Fb would have been unreasonably lowered almost 3 times. 
Fig. 10 also proves that the use of relationships for 
unloaded bearings for the calculation of friction coeffi-
cients would have not look reasonable since the bearings 
are heavily loaded (eccentricity ratios reaches 0.8). How-
ever the choice of the equation for friction coefficients 
calculation deserves some discussion.  

We tried to calculate frictional moments in bear-
ings using both Eq. (20) in [1] and Eq. (21) in [1] (see 
Fig. 13).  

In Eq. (20) in [1] eccentricity in the bearings is 
not taken into account, thus Eq. (21) in [1] should give 
more accurate results. However, for optimization of the 
bearings even Eq. (21) in [1] may be not accurate enough. 
First of all, the coefficients TΦ  and PΦ  are obtained for

 
Fig. 5 Rotary behaviour of the crankshaft; ϕ ,ϕ  - velocity 

and acceleration of the crankshaft; 20 538 ms.τ =  

 
Fig. 6 Crankshafts speed subject to evaporation tempera-

ture; condensing temperature 55ºC 
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Fig. 7 Reactions, exerted on piston; 20 538ms.τ =   

Fig. 8 Friction forces, exerted on piston; 20 538ms.τ =  

the bearings with constant relative eccentricity ε , while in 
our model eccentricity ε  is variable. For the case of time 
dependent film thickness equations for squeeze film should 
be considered for deeper analysis of the bearings (squeeze 
films temporary provide increased load capacity). In addi-
tion equation (21) in [1] also does not take into account 
misalignment in the bearings (tilted shaft). Due to high 
eccentricity ratios as well as cantilever load of crankshaft 
the centre of hydrodynamic pressure will be shifted to-
wards film thickness, and maximum hydrodynamic pres-
sure will be increased. Due to both these factors maximal 
values of eccentricity ratios of the bearings (and conse-
quently values of frictional moments) will be decreased. 
But the main arguments for the use of simplified equation 
(20) in [1] instead of (21) in [1] can be drawn from the 
comparison of the average friction power in the bearings 
(see Fig. 12). Regardless of equation used, the average 
friction power in the bearings almost does not depend on 
piston stroke to diameter ratio, piston eccentricity or other 
compressors parameter, subject to optimisation (except the 
bearing parameters). Therefore if the model is targeted for 
overall compressors optimization without particular focus 
on the bearings, it would be reasonable to consider the use 
of Eq. (20) in [1] instead of Eq. (21) in [1]. In such case 
only the first equation of system (1) must be solved at 
every step of numeric integration instead of the whole 
system  of nonlinear equations,  which  will reduce calcula- 

tion which will reduce calculation time significantly.  
For heavily loaded bearings Eq. (20) in [1] gives 

lower integrated friction power, than Eq. (21) in [1]. For 
analyzed compressor at CECOMAF conditions the differ-
ence reached ~20% for aM  and ~10% for bM . For kM  
both equations give similar results (difference ~1%). In 
absolute values the difference did not exceed 0.7 W, and 
taking into account the influence of misalignment and 
squeeze film will further decrease the difference. 

Fig. 13 shows friction power in the main friction 
pairs (power symbol indexes are the same as for corre-
sponding forces). Fig. 14 shows average friction power 
subject to stroke to diameter ratio. As can be seen, losses 
for friction in the slider – link friction pair are significant, 
and can exceed 6 W. The losses in the piston – cylinder 
friction pair does also exceed 6 W, mainly because of the 
losses due to the friction force in fluid film. High losses for 
friction in the slider – link pair is important disadvantage 
of slider-link driven compressor, if compared to connect-
ing rod driven compressors. However, the overall differ-
ence between two types of compressors is lower, than 
losses in slider – link pair because losses for friction in a 
connecting rod and pin pair also must be taken into ac-
count. Losses in the piston – cylinder pair of connecting 
rod driven compressor are estimated in [7] and [8] using 
advansed mathematical models, but direct comparison is 
complicated due to different geometric, dynamic and op- 

 

 

 

 
Fig. 9 Loads of the bearings; 20 538 ms.τ =  Fig. 10 Eccentricity ratios of the bearings; 20 538 ms.τ =  
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Fig. 11 Frictional moments in a bearings; Ma, Mk calculated 

using Eq. (21) in [1] and Ma’, Mk’ calculated using 
Eq. (20) in [1] 

 
Fig. 12 Average friction power in bearings; Ma, Mb, Mk 

calculated using Eq. (21) in [1], Ma’, Mb’, Mk’ cal-
culated using Eq. (20) in [1]  

 
erational parameters, used in the simulation. When we 
used in our model the same piston stroke, diameter, clear-
ance in the piston – cylinder pair and oil viscosity as were 
used in [7], the estimated average loses for friction in a 
fluid film were similar - 2 W according to our model and 
~2.6 W according to [7]. It is also evident, that some un-
derestimation in our case occurs due to the simplification 
(misalignment in the friction pair was not taken into ac-
count). In the real compressors, however, the picture may 
be a bit different. In connecting rod driven compressor we 
will have to use smaller clearance in order to have the 
same losses because of the leak between the piston and the 
cylinder, which will increase losses due to friction. Thus 
overall difference in friction power of two compressor 
types should not exceed 3 – 5 W (for the same conditions).  

The primary goal of the study was to find such set 
of compressors dimensions that ensures optimum perform-
ance of the compressor based on the design criteria. We 
intended to use design criteria of minimal mechanical 
losses which was successfully used in [9] for optimization 
of rotary compressor. The [9] study suggests that more 
than 50% reduction in a mechanical loss is possible 
through a proper combination of design dimensions for 
rotary compressor. This gives an overall improvement of 
COP (coefficient of performance) of 14%, as the shaft 
input reduces due to lower frictional  losses.  However,  we  

failed to get similar results for slider-link driven compres-
sor. As can be seen on Fig. 12, the losses due to friction do 
decrease as stroke to diameter ratio decreases. This does 
not necessarily mean that compressor’s COP will increase 
- with increase of the piston diameter, the dead volume will 
increase, and losses due to leak through the clearance be-
tween the piston and the cylinder will increase also. These 
factors were not taken into account in this study. It is evi-
dent, that the attempts to optimize piston stroke to diameter 
ratio based just on the analysis of friction power does not 
give satisfactory results. For optimization of this parameter 
more advanced mathematical model is required, taking into 
account losses due to the leak through the clearance be-
tween the piston and the cylinder. 

The model was also used to analyze the impact of 
piston eccentricity e. Fig. 15 shows the relationship of total 
friction power subject to piston eccentricity e and piston 
stroke to diameter ratio. Calculations prove the existence 
of optimal piston eccentricity - with increase of compres-
sors volume from 35cmV =  to 39cmV = , optimal eccen-
tricity increases from 3.7 mm to 4.8 mm for ratio 

0 8S D .= . However, the influence of this parameter is 
fairy small and theoretical gain from such optimization 
will not exceed 0.5 W.  

The mathematical  model can be also used for the 
 

 
Fig. 13 Friction power in the main friction pairs; 

20 538 ms.τ =  

 
Fig. 14 Average friction power; 39 55 cmV .= , o40 Cct = , 

o23 3 Cot .= −   
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Fig. 15 Total friction power subject to pistons eccentricity e  
and pistons stroke to diameter ratio S D ;  

39 55cmV .= , o40 Cct = , o23 3 Cot .= −  
 

Fig. 16 Variables, used for calculation of counterweights 

evaluation and minimization of inertia forces. The unbal-
anced inertia forces and moments of forces can be mini-
mized by the use of two counterweights. The counter-
weights are selected to satisfy the following conditions 

( ) ( ) ( ) ( )x y x ymax maxmax max
F F , M M= =  (3) 

where ( ) ( )x ymax max
F , F  are peak values of the components 

of resultant inertia force; ( ) ( )x ymax max
M , M  are peak val-

ues of the moments of resultant inertia force. The peak 
values can be found from equations (40) in [1] after the 
equation of rotating motion of the crankshaft (35) in [1] is 
solved.  

The coordinates of counterweights mass centers 
in z  direction are 1 1 1 2c w wz z h= − , 2 2 2 2c w wz z h= +  
where 1wz , 2wz  are distances from mass center of the com-
pressor to counterweights mounting planes (see Fig.16); 

1wh , 2wh  are heights of upper and lower counterweights. 
The positive values wh  are assumed for the counter-
weights, placed as on Fig 16.  Negative value of wh  means  

that the counterweight must be placed on the opposite side 
relatively the axis of rotation.  

The coordinates of counterweights mass centers 
in x′  direction are ( )1 1w c wx x sign h= − , ( )2 2w c wx x sign h=   
where cx  is the distance from the rotation axis to the mass 
center of a counterweight.  

Mass properties of the counterweights are 

wi r wim m h= ; ( )1 2z r w wJ J h h= + ; 
2

1
x z wi wi ci

i
J m x z′

=

= ∑  

where wim  - counterweight mass with the height wih  

( )1 2i ,= ; rm , rJ  - the mass and inertia moment of coun-
terweight with the height 1; zJ  - inertia moment of both 
counterweights with respect to rotation axis; x zJ ′  - product 
of inertia of counterweights with respect to x′ , z  axes.  

To find the heights of counterweights, ensuring 
minimization of inertia forces, the system of nonlinear 
equations (3) is solved, with the equation of rotating mo 
tion of the crankshaft (35)[1] solved at every step. How-
ever, the heights of the upper and the lower counterweights 

1wh  and 2wh   can  not  be used as independent variables for 
 

 

 
Fig. 17 Unbalanced inertia forces with basic counterweight 

setup; 1 5mmwh = , 2 0wh = , 20 538 ms.τ =   

 

 
Fig. 18 Unbalanced inertia forces with optimized counter-

weights; 1 15 0mmwh .= , 2 5 4wh .= , 20 537 ms.τ =   
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Fig. 19 Moments of unbalanced inertia forces with basic 

counterweight setup; 1 5mmwh = , 2 0wh = , 
20 538 ms.τ =  

 
Fig. 20 Moments of unbalanced inertia forces with opti-

mized counterweights; 1 15 0mmwh .= , 2 5 4wh .= , 
20 537 ms.τ =  

solving  the nonlinear  system  of equations (3) as the algo-
rithm does not converge to the solution. Possible work-
around is to use as independent variables the height of 
counterweight for static balancing 1h  and the height of pair 
of counterweights for dynamic balancing 2h . If the coun-
terweight for static balancing is placed only on upper end 
of the rotor, and the pair of counterweights for dynamic 
balancing is placed on both ends, heights of upper and 
lower counterweights can be calculated as 1 1 2wh h h= + ; 

1 2wh h= .  
Figs. 17 and 19 shows unbalanced inertia forces 

and moments of the forces with basic counterweight setup 
while Figs. 18 and 20 shows the forces and the moments 
with optimized counterweights. Peak values of the forces 
and the moments with optimized coun terweights de-
creased by almost 50%. A compressor with such counter-
weight setup was tested in a refrigerator. Noise level of the 
refrigerator decreased by almost 2 dB.  

Implementation of such counterweight setup 
would be quite complicated – higher counterweights re-
quire additional space, which is not always available. 
However, such height of counterweights is required only 
for compressors with bigger volume and piston diameter 
D = 26 mm. Slider – link driven compressors with such 
piston diameters will face also other technical challenges, 
such as significant deformation of the cylinder during bolt 
tightening. The problems can be solved with deeper com-
pressor redesign, but such path is not very practical be-
cause of required investments. On the other hand, in the 
modern refrigerators a trend for increased use of lower 
capacity compressors can be observed, and the demand for 
compressors with such extreme diameters will decrease.  

As mentioned above, the advantage of connecting 
rod driven compressor over slider - link driven compressor 
is not that big (estimated difference 3-4 W) when friction 
power is considered. Evolutionary transition from slider – 
link driven compressor to connecting rod driven compres-
sor is close to impossible. It requires major redesign and 
the change of almost all manufacturing equipment. Proba-
bly the only alternative for such transition would be the use 
of spherical joint between the piston and connecting rod. 

Such joint could be considered as a means to avoid ex-
treme piston diameter (especially if such compressors are 
manufactured in small series).  

On the other hand, the really impressive compres-
sor efficiency growth, demonstrated recently by leading 
manufacturers, was reached mainly by means of motor 
efficiency increase. Therefore remaining manufacturers of 
“outdated” slider-link driven compressors (usually the 
small ones with tight budget) should concentrate their re-
sources on acquirement and implementation of high effi-
ciency motor, with only the limited scale optimization of 
existing designs of compressor itself. With modern motors 
the COP of 1.6-1.66 (at ASHRAE test conditions) for 
slider link driven compressor is not out of reach. Such 
efficiency usually is enough to ensure A and even A+ en-
ergy efficiency class of modern refrigerators.  

 
3. Conclusions 

 
The mathematical model, described in this paper, 

can be used for the calculation of forces and dynamic be-
haviour of slider-link driven compressor. Calculated rela-
tionship of crankshaft speed subject to evaporation tem-
perature is very close to the measured values (difference 
~0.2%). 

Losses for friction in the slider–link pair is a dis-
advantage of slider-link driven compressor. However, for 
the same dimensions and operation conditions overall dif-
ference in friction power (when compared to connecting 
rod driven compressor) should not exceed 3 – 5 W.  

Attempts to optimize piston stroke to diameter ra-
tio based just on the analysis of friction power does not 
does not give satisfactory results. Optimization of piston 
stroke to diameter ratio requires more advanced mathe-
matical model, in which losses due to leak between the 
piston and the cylinder would be taken into account. The 
design criteria for such optimization should be maximal 
COP.  

Optimal pistons eccentricity based on design cri-
teria of minimal mechanical losses does exist, but positive 
effect from such optimization is minimal - theoretical gain 
will not exceed 0.5 W. 
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Slider – link driven compressor still has some po-
tential for modernization, especially when smaller capacity 
range is considered. For small manufacturers limited scale 
optimization together with the implementation of high 
efficiency motors will be more cost-effective solution than 
transition to connecting rod driven compressors. 

If the model is targeted for overall compressor op-
timization without particular focus on slider bearings, it 
would be reasonable to use consider use equation (20) in 
[1] instead of (21) in [1]. For optimization of the bearings 
the improved model should be developed in which mis-
alignment (tilted shaft) and squeeze film should be taken 
into account.  
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V. Dagilis, L. Vaitkus, D. Kirejchick 
 
KULISINIS KOMPRESORIUS (II). MODELIAVIMO 
REZULTATAI 
 
R e z i u m ė 
 

Kulisinio komresoriaus modelis panaudotas skai-
čiuojant judančių mechanizmo dalių dinamiką, reakcijas, 
trinties jėgas ir neišsvertas inercijos jėgas. Modeliavimo 

rezultatai palyginti su pamatuotomis sukimosi greičio 
reikšmėmis, matuotos ir skaičiuotos reikšmės gerai sutapo. 
Modelis naudojamas analizuojant, kaip kompresoriaus 
darbą įtakoja įvairūs jo parametrai, tokie kaip stūmoklio 
eigos ir diametro santykis, stūmoklio ekscentricitetas, ci-
lidro tūris. Bandymas optimizuoti kompresoriaus pa-
rametrus remiantis minimalių mechaninių nuostolių kriteri-
jumi nedavė norimų rezultatų. Bendrai kompresoriaus 
optimizacijai turi būti sukurtas modelis, tiksliau charakteri-
zuojantis kompresoriaus termodinaminius procesus.  
 
 
V. Dagilis, L. Vaitkus, D. Kirejchick 
 
SLIDER-LINK DRIVEN COMPRESSOR (II).  
SIMULATION RESULTS 
 
S u m m a r y 
 

The model of slider-link driven compressor is 
used to calculate dynamic behaviour of movable machine 
elements, constraint forces, friction forces, unbalanced 
inertia forces. Simulation results were compared to ex-
perimental measurements of rotation speed, good agree-
ment between numerical and experimental data was ob-
tained. The model is used for analysing the influence of 
various parameters, such as piston eccentricity, piston 
stroke to diameter ratio, displacement on compressors 
performance. The attempt to performe optimization of 
compressor parameters based on criterion of minimal me-
chanical losses does not give satisfactory results. The 
model with more detailed thermodynamic characterization 
of the compressor should be developed for overall com-
pressor optimization.  
 
 
В. Дагилис, Л. Вайткус, Д. Кирейчик 
 
КУЛИСНЫЙ КОМПРЕССОР (II). РЕЗУЛЬТАТЫ 
МОДЕЛИРОВАНИЯ  
 
Р е з ю м е 
 

Модель компрессора с кулисным приводом 
применяется для расчета динамики подвижных частей, 
реакций, сил трения и неуравновешенных сил инерции. 
Результаты моделирования сравниваются с экспери-
ментальными данными, получена хорошая сходимость 
расчетных и экспериментальных результатов. Модель 
используется для анализа влияния на работу компрес-
сора разных параметров, таких как эксцентриситет 
поршня, отношения хода поршня к диаметру, объем 
цилиндра. Попытка оптимизации параметров компрес-
сора, основана на минимизации механических потерь, 
не дала желанного результата. Для общей оптимизации 
компрессора должна быть разработана математическая 
модель, более точно отражающая термодинамические 
процессы компрессора.  
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