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1. Introduction 

The future of internal combustion engines is an im-

portant question of today’s road transport. Alternative trans-

mission systems gain space very slow therefore CO2 and 

harmful emissions of internal combustion engines have to 

be solved. These engines have many advantages for exam-

ple the appropriate power and fuel consumption perfor-

mance or their range. The emission regulations for the en-

gines become more and more strict [1] and in the last few 

years many non-ideal operation zones got into focus for in-

stance the cold operation on longer slopes. 

In the development of Diesel engines which are al-

most dominated in commercial vehicles, the focus is on de-

creased CO2 emission, on lower particulate matter emission 

and lower NOx emission. The typical up-to-date solutions to 

reach these aims is the thermal management in the air path 

systems (for example in [2]) and the more and more com-

plex exhaust gas after-treatment system where the tempera-

tures are also controlled. Besides there are many researches 

to change the conventional Diesel fuel to an alternative one, 

typically to organic fuels for instance in [3 – 5]). 

In a modern Diesel engine, the combustion process 

can be controlled in several ways. With exhaust gas recircu-

lation systems and with several supporter valves the temper-

ature and the composition of the intake flow can be con-

trolled which have a strong effect on the quality of the com-

bustion process (as it presented in [6] or in [7]). In this case 

the exhaust gas recirculation systems, the exhaust brakes 

and the intake throttles get new tasks in the air path system 

of the engine [8]. It is a complex task to decrease the amount 

of the CO2 and also the harmful components (NOx and par-

ticulate matter emission) of the exhaust gas because basi-

cally it has contrary requirements for the combustion pro-

cess: it “has to be paid” with higher fuel consumption for 

the lower emission [9 – 11]. Otherwise the formation of NOx 

and particulate matter emission is counterproductive as 

well. There are researches to realize alternative combustion 

processes to decrease most of the emissions altogether [12]. 

In this paper the aim is to make a simplified turbo-

charged engine model which can handle up-to-date elements 

in the air path system. The engine is a medium duty diesel 

engine i. e. the published engine model presents the chal-

lenges of the modelling of commercial vehicle engines 

which is not typical. The engine has a complex air path sys-

tem with exhaust gas recirculation systems and exhaust 

brakes which is also not standard in this engine size [13]. 

The complexity gives big freedom of controlling the prop-

erties of the intake flow. 

Engine air path models can be written to many gas-

eous states [14, 15] but basically there are two types of con-

trol oriented engine models: pressure-based models (for ex-

ample in [16] and in [17]) and composition-based models 

(for example in [18] and in [19]).  The developed engine 

model will be based on pressures in the pre-defined volumes 

and on the mass flow rates between these volumes. Due to 

the slimmer speed range of the commercial Diesel engines 

the model will have several simplifications compared to 

passenger Diesel engine models [20]. The research has 

much connection with previously published papers (for ex-

ample [21]). Besides the published model has many solu-

tions from [17] and [22]. 

2. Exhaust gas recirculation systems 

With exhaust gas recirculation (EGR) NOx emis-

sion can be effectively decreased. NOx formation during the 

combustion process is mainly caused by the locally high 

flame temperature where the oxygen molecules dissociated 

and the active oxygen atoms can unseal the covalent bonds 

between the nitrogen molecules. Dou to the bigger heat ca-

pacity of the exhaust gas, the recirculated exhaust gas can 

decrease the local flame temperature in Diesel combustion 

processes [23, 24]. 

Basically there are two types of EGR systems: in-

ternal and external EGR systems. Internal exhaust gas recir-

culation can be realized by the timing of the intake and ex-

haust valve openings. The advantage of this solution is the 

fast response, however it is not possible to cool the recircu-

lated exhaust gas. External exhaust gas recirculation re-

quires additional pipes and valves in the air path system. 

Due to the longer loop the external exhaust gas recirculation 

has a slower response. On the other hand, it is easier to cool 

the recirculated exhaust gas. In this paper only the external 

exhaust gas recirculation will be discussed. 

The available amount of the recirculated exhaust 

gas depended on several parameters. Basically it is deter-

mined by the air-fuel ratio of the combustion process: low 

air-flow ratio effects high particulate matter emission. Die-

sel engines work with lean combustion which is leaner on 

lower loads. The recirculated exhaust gas decreases the air-

fuel ratio of the combustion because it takes away the place 

from fresh intake air. On low loads the burnt gas fraction on 

the intake side can be high because the oxygen consumption 
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of the engine is low. 

In a first approach the engine is mounted with an 

EGR valve which can allow to feed back the exhaust gas to 

the intake side. In this layout the highest mass flow rate 

through the EGR system is determined by the pressure dif-

ference between the exhaust and the intake side. In many 

operation points this EGR rate is not enough for low NOx 

emission. The application of other valves in the air path sys-

tem can increase the pressure difference i.e. EGR mass flow 

rate also can be increased. Intake throttles can reduce pres-

sure in the intake side, exhaust brakes can increase pressure 

in the exhaust side. By these support valves high EGR rates 

(even more than 50%) can be realized [21]. 

On a turbocharged engine the recirculated exhaust 

gas can be fed back on two ways. If the exhaust gas is fed 

back from upstream the turbine to downstream the compres-

sor (typically downstream the intercooler) the system is 

called high pressure exhaust gas recirculation system (HP 

EGR). If the exhaust gas is fed back from downstream the 

turbine to upstream the compressor the system is called low 

pressure exhaust gas recirculation system (LP EGR). In this 

case supporting intake throttles or exhaust brakes also can 

be high or low pressure valves. Both systems have ad-

vantages and disadvantages as they can be seen in Table 1. 

The application of both systems on the same engine can 

achieve lower emission with almost unchanged perfor-

mance [23]. 

Table 1 

Comparison of HP and LP EGR [21] 

HP EGR LP EGR 

Fast response, favourable in 

transient cycles 

Slower response, higher boost 

pressure because all exhaust 

gas goes through the turbine, 

favourable in stationary cy-

cles. 

The time for mixing the intake 

air and the exhaust gas is 

shorter 

Longer time for mixing, but 

the condense water can dam-

age the compressor 

It increases the fuel consump-

tion, but in high power de-

mand operation points it can 

provide lower BSFC 

It increases the brake specific 

fuel consumption less than the 

HP EGR, because of the 

higher boost pressure 

Intake throttles and exhaust throttles have similar 

effects on the operation of the engine. Usually intake throt-

tles are simpler and cheaper than the exhaust valves due to 

the lower operating temperature. Besides, high backpressure 

of the exhaust brakes can cause damage in the engine by 

opening the exhaust brakes. 

In previous research the application of exhaust 

brakes provided lower effective fuel consumption [21]. 

From this reason in this paper the engine model will only 

have exhaust brakes. Exhaust brakes without exhaust gas re-

circulation can generate high backpressures when the flow 

is sonic through the valve. With open EGR valve this flow 

typically remains subsonic. An appropriate precise control 

of the EGR and the supporting valves can achieve lower 

emission and fuel consumption of the engine. 

3. Air path system description 

The modelled engine is a medium duty turbo-

charged Diesel engine. The technical data of it can be seen 

in Table 2. The air path system is completed with HP and 

LP EGR systems. Both of the EGR systems have coolers. 

The inlet of the LP EGR system is placed downstream the 

Diesel particulate filter and it also has a filter to protect the 

engine and the turbocharger from soot emission. 

The engine has two exhaust brakes (EB). The first 

one is located downstream the turbine, it can increase the 

HP EGR mass flow rate. This exhaust brake would have a 

better operation downstream the HP EGR inlet (upstream 

the turbine) but due to space lack and the location require-

ments of the turbine it had to be located to the low pressure 

side. The second exhaust brake supports the LP EGR system 

therefore it is located downstream the LP EGR inlet. 

In the air path system, the pressure and the temper-

atures can be measured upstream the compressor, in the in-

take manifold, in the exhaust manifold and downstream the 

turbine. The schematics of the air path system can be seen 

on Fig. 1. 

Table 2 

Parameters of the engine [13] 

Type 
Turbocharged diesel, in-line, 4 cyl-

inder  

Maximum power 125kW (2500 1/min)  

Maximum torque 600Nm (1200-1600 1/min)  

Displacement 3.9l  

Stroke/bore ratio 1.176 

Compression ratio 17.márc 

Injection system direct injection, common rail 

Maximum boost pressure 2.5 bar 

 

Fig. 1 Layout of the air path system 
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4. Engine system modelling 

4.1. Modelling aims 

 

The goal of the modelling is to create the equations 

on the simplest form that give the same behaviour as the 

duel loop EGR system in the research engine. In this case 

the external performance (speed, torque, fuel consumption) 

of the engine is not a result of the model, it is an incoming 

signal. Control oriented models should have been simplified 

to a few state variables to reach fast numerical calculation 

speed and to able to use them in control theory [25]. 

The model development focuses on the air path 

system, the combustion process is less critical. The pro-

cesses in the combustion chamber will be well simplified. 

In the model the combustion process increases the tempera-

ture of the gas flow to the exhaust manifold. The final model 

will be validated with the RMS error between the simulation 

and the engine dyno measurements. The aim is to achieve 

the RMS error below 10% [25]. 

 

4.2. Simplifications and basic equation laws 

 

The air path system will be divided to balance vol-

umes wherein the pressures, the temperatures and the com-

positions of the fluids can be estimated equals. In a pressure-

based air path system model the differential equations are 

based on the mass conservation and the energy conservation 

laws. The place dependence of the variables will be ne-

glected i.e. the momentum conservation law will also be ig-

nored. Pressures in each volume can change in two ways: by 

the difference between the incoming and the leaving mass 

flow rates and by heat transfer. If the temperature of the in-

coming mass flow rate is different from the temperature in-

side, the change can be handled as a mass flow rate into the 

volume (without temperature differences) and an additional 

external heat transfer [17, 26]. Besides to have a simpler 

model it is expedient to neglect as many temperature 

changes as many possible under the validation criteria. 

The inertia of the turbocharger has a significant ef-

fect on the operation of the engine and on the operation of 

the EGR systems. The mechanical balance of the turbo-

charger will also have a state variable to get the dynamics of 

it. The differential equation will be written to the compres-

sor power [17]. 

Summarizing the presented aims the simplifica-

tions and requirements for the model: 

- the engine model should be described with differential-

algebraic equations, with ordinary differential equa-

tions (0D model); 

- fluids can be modelled as ideal gases; this is the sim-

plest way; 

- gases modelled as air in the whole system i.e. the 

changes of the adiabatic gas constant, the specific gas 

constant and the specific heat is neglected;  

- state variables should be only pressures and the com-

pressor power, the dynamics of the temperature 

changes are ignored; 

- if it is possible temperatures modelled as constants or 

temperature changes are neglected between the balance 

volumes; 

- temperature is equal in each balance volumes, the mix-

ing of different gases come off endless fast. The tem-

perature of the outflowing gases from the balance vol-

umes are the balance volume’s temperature; 

- heat transfer through the walls is neglected in the whole 

system; 

- potential energy is neglected; 

- exhaust gas recirculation does not affect the combus-

tion process (from the aspect of pressures and tempera-

tures); 

- fuel mass flow rate is neglected due to its small amount 

compared to the gas mass flow rates in the air path sys-

tem; 

- efficiencies that typically have several dependencies in 

reality should applied as a constant or on the achievable 

simplest way. 

 

4.3. Applied balance volumes and input signals of the 

model 

 

The air path of the engine is divided into six differ-

ent places where the pressure and the temperature can be 

changed. These six balance volumes are (Fig. 2): 

- ambient environment on the intake (marked with 0) and 

on the exhaust side (marked with 6); 

- volume downstream the compressor where LP EGR is 

fed back (marked with 1); 

 

 

Fig. 2 The layout of the divided air path system [21]
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- volume between the compressor and the engine i.e. the 

intake manifold of the engine (marked with 2). HP EGR 

is fed back here; 

- volume between the engine and the turbine i.e. the ex-

haust manifold (marked with 3); 

- volume between the turbine and the first exhaust brake 

(marked with 4); 

- volume between the exhaust brakes (marked with 5). 

The model has the following inputs: 

- engine speed; 

- fuel mass flow rate; 

- HP EGR valve effective area; 

- LP EGR valve effective area; 

- first exhaust brake effective area; 

- second exhaust brake effective area. 

During the model development process several re-

quirements and parameters have been changed. Typically, 

the temperatures on the exhaust side were calculated more 

precisely. Besides the efficiencies were also estimated on a 

more complex way. In the next paragraphs the finally 

achieved simplified version of the engine model will be pre-

sented. 

 

4.4. Equations of the balance volumes 

4.4.1. Intake manifold pressure 

 

The intake manifold has inlets from the compressor 

and the HP EGR pipe. It has an outlet to the intake valves of 

the internal combustion engine. Temperature changes are 

negligible here i.e. the differential equation is based only the 

mass conservation law, it is given as it follows: 

 

 2 2

2

.c eng HPL

dp RT

dt V
      (1) 

 

4.4.2. Exhaust manifold pressure 

 

There are several methods to estimate the impact 

of heat release on pressures and temperatures in the exhaust 

system. The following method will be based on [13]. The 

temperature in the exhaust manifold is significantly higher 

than in the intake side i.e. it is not negligible. Due to the high 

temperature the heat transfer through the walls is not negli-

gible. The exhaust manifold has an inlet from the exhaust 

valves (from the engine cylinder) and it has an outlet to the 

turbine and the HP EGR system. With the mass and the en-

ergy conservation law the differential equation is given as it 

follows: 

 

 33
3 3 3

3

1
.

hl

eng t HPL

Qdp R
T T T

dt V R


  



 
    

  

 (2) 

 

The engine outlet enthalpy can be written as it fol-

lows: 

 

.
1

eo eng eng

R
H T








 (3) 

 

By Eq. (3), Eq. (2) can be modified to the following 

form: 

 3
3 3 3

3

1
.eo hl t HPL

dp R
H Q T T

dt V R

 
 



 
    

 
 (4) 

 

The signed sum of the engine outlet enthalpy and 

the heat loss gives the heat transfer which heats the flow in 

the third balance volume compared to the second balance 

volume. This enthalpy should be equal with the sum of the 

engine intake enthalpy and a part of the heat release in the 

cylinder. 

 

3 .eo hl ei engH Q H Q    (5) 

 

According to equation (5), equation (4) can be 

written as: 

 

 3
3 3

3

1
.ei eng t HPL

dp R
H Q T T

dt V R

 
 



 
    

 
 (6) 

 

Engine intake enthalpy is known: 

 

2 .
1

ei eng

R
H T








 (7) 

 

Finally, the exhaust gas fraction of the heat release 

also can be written with equation (8). ηegf is the parameter 

which can tune the model. The fuel mass flow rate is given 

from the EDC (Electronic Diesel Control). 

 

.eng f l egfQ H    (8) 

 

By the previous equations the final form of the dif-

ferential equation of the exhaust manifold can be written: 

 

 
3

2 3 3

3

1
.

eng

eng t HPL

Qdp R
T T T

dt V R


  



 
    

  

 (9) 

 

4.4.3. Exhaust system pressure downstream the turbine 

 

The balance volume downstream the turbine has an 

inlet from the turbine and it has an outlet to the first exhaust 

brake. Temperature changes are also negligible here i.e. the 

differential equation can be written: 

 

 4 4
1

4

.t EB

dp RT

dt V
    (10) 

 

4.4.4. Exhaust system pressure downstream the first exhaust 

brake 

 

The exhaust system between the exhaust brakes 

has an inlet from the first exhaust brake and it has outlets to 

the second exhaust brake and the LP EGR system. The dif-

ferential equation is given as it follows: 

 

 5 5
1 2

5

.EB EB LPL

dp RT

dt V
      (11) 
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4.4.5. Compressor power 

 

The last state variable is the compressor power. 

The exhaust gas enthalpy turns into mechanical energy of 

the turbocharger shaft. τtc takes into consideration the inertia 

of the shaft. Finally, the mechanical energy turns into com-

pressor power where ηm_tc takes into account the mechanical 

efficiency of the turbocharger. 

 

 _

tc

1
,c

c m tc t

dP
P P

dt



    (12) 

 

where: ηm_tc is modelled with a turbine power depended on 

a characteristic curve. ηm_tc as a constant did not allowed ac-

curate results both on low and high loads. The final curve 

can be seen in Fig 3. 

 

Fig. 3 The applied characteristics of the mechanical effi-

ciency of the turbocharger 

 

4.5. Additional equations 

4.5.1. Internal combustion engine 

 

The internal combustion engine generates the 

flows in the air path system. In the reality it is a periodic 

flow with significant pressure waves. In concentrated pa-

rameter models the pressure waves are neglected (the im-

pulse conservation law is not used). In a four stroke engine 

by the engine speed and by the displacement the mass flow 

rate through the engine can be estimated as it follows: 

 

2

2

.
2

d eng

eng vol

V np

RT
   (13) 

 

In Eq. (13) the volumetric efficiency of the engine 

is modelled as a constant – in medium and high duty Diesel 

engines with small speed range the change of the volumetric 

efficiency can be small. One of the main impacts of the com-

bustion process in the air path system is the high gas tem-

perature in the exhaust manifold. As in (5), the temperature 

increase also can be estimated by the intake enthalpy and by 

the heat release from the combustion process [22]: 

 

2

3 ,
p eng f l egf

p eng

c T H
T

c 

  
  (14) 

 

where: ηegf is depended on several engine parameters for in-

stance the indicated efficiency of the engine or the heat 

transfer through the walls of the cylinders. It can be esti-

mated with a look-up table. The surface of ηegf can be seen 

in Fig. 4. ηegf is depended more on the fuel mass flow rate, 

but, according to the validation experiences, the engine 

speed dependence is not negligible on low loads. 

 

Fig.  4 The applied characteristics of the exhaust gas frac-

tion of heat release 

4.5.2. Turbocharger equations 

 

The equations of the turbocharger give the connec-

tion between the mass flow rate, the power and the temper-

ature. They can be estimated with the equations from [27]. 

The mass flow rate of the turbine is modelled with 

an experimental equation where ct and kt are the parameters 

which can tune the characteristics of the turbine: 

 

3 3

43

1 .

tk

t t

p p
c

pT


 
  

 
 (15) 

 

With the turbine mass flow rate, the exhaust mani-

fold temperature and the pressure ratio on the turbine, the 

turbine power can be estimated: 

 
1

3
3

4

1 .
1

t t t

pR
P T

p




 



 
          

 (16) 

 

The turbine power from (16) gives the compressor 

power by (12). By the compressor power the compressor 

mass flow rate can be estimated by (17). 

 

1

1 2

1

.

1 1

c c
c

P

R
T p

p















 
  

 

 (17) 

 

Both the turbine and the compressor isentropic ef-

ficiencies are modelled with constants. 

 

4.5.3. Orifice equations 

 

Mass flow rates between two volumes are esti-

mated by the orifice equations. Taken in consideration the 

pressure differences and the effective areas of the valves, 

none of the flows is sonic in the normal operation range (the 

exhaust brakes should always work with open EGR valves). 

The HP EGR mass flow rate can be estimated as it 

follows: 
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3 2 2

3 33

2
1 .HPL HPL

p p p
A

p pRT


 
  

 
 (18) 

 

The pressure in the LP EGR system is always 

higher on the exhaust side due to the backpressure of the 

exhaust system. The orifice equation to the LP EGR system 

can be written to the following form: 
 

5 1 1

5 55

2
1 .LPL LPL

p p p
A

p pRT


 
  

 
 (19) 

 

The mass flow rate of the first exhaust brake can 

be estimated with the following equation: 
 

5 54
1 1

4 44

2
1 .EB EB

p pp
A

p pRT


 
  

 
 (20) 

 

And finally the mass flow rate of the second ex-

haust brake can be estimated as it follows: 
 

5 0 0
2 2

5 55

2
1 .EB EB

p p p
A

p pRT


 
  

 
 (21) 

 

4.5.4. Pressures and temperatures 

 

The pressure and temperature changes in many 

neighbouring volumes are important to reach the goal of the 

paper to get a significantly simplified model. 

The pressure in the first balance volume is ambient, 

but in the sixth balance volume it has to be higher due to the 

backpressure of the exhaust system. 
 

1 0 ,p p  (22) 

6 0 .esp p p    (23) 

The temperature changes compared to the ambient 

conditions are neglected upstream and downstream the com-

pressor. The temperature changes on the exhaust side are 

also negligible: 
 

1 2 0 ,T T T   (24) 

3 4 5.T T T   (25) 

 

5. System model in state space form 

For controlling aims a natural form for the system 

representation is the state space form. The model conversion 

to state space form is based on [25]. Due to its nonlinearity 

the general form of the model is given as: 
 

1
( , ) ( , ) ,

R

r
  rx f x d g x d u  (26) 

( , ),y k x d  (27) 

 

where: x(t) means the state vector which contains the intake 

manifold pressure, the exhaust manifold pressure, the pres-

sure downstream the turbine, the pressure downstream the 

first exhaust brake and the compressor power. u(t) vector 

contains the control inputs: the effective area of the HP EGR 

valve and its supporter exhaust brake, and also the effective 

area of the LP EGR valve and its supporter exhaust brake. 

d(t) vector contains the disturbances on the model, the en-

gine speed and the fuel mass flow rate: 
 

 2 3 4 5 ,
T

cp p p p Px(t)  (28) 

 1 2 ,
T

HP EB LP EBA A A Au(t)  (29) 

.
T

eng fn   d(t)  (30) 

 

Putting the whole system into one matrix equation: 

 

.

2 1 11

3 2 21

1

34 32

5 42 43 44

2

5

( , ) ( , ) 0 0 0

( , ) ( , ) 0 0 0

( , ) 0 ( , ) 0 0 .
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c
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A

p f g
A

fp g
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A

fP

     
      
      
       
      
      
      

   

x d x d

x d x d

x d x d

x d x d x d

x d

 (31)

 

The elements of the first state equation are: 

 2
1 1

2 2
2

1

( , ) ,
2

1 1

c c d
vol eng

P VpR
f n

RV V
p

p






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
 

   
 

x d  (32)
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The elements of the second state equation are: 
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The elements of the third state equation are: 
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The elements of the fourth state equation are: 

 

2

5 5
42 4

5 4 42

0

22( , ) 1 ,

2

d eng

p vol f l egf

d eng

p vol

V np
c H

p pR Rg p
V nV p pp

c
RT





 
 

  
 

x d  (38) 

 

2

0 0
43 5

5 5 52

0

22( , ) 1 ,

2

d eng

p vol f l egf

d eng

p vol

V np
c H

p pR Rg p
V nV p pp

c
RT





 
 

   
 

x d  (39) 

 

2

0 0
44 5

5 5 52

0

22( , ) 1 .

2

d eng

p vol f l egf

d eng

p vol

V np
c H

p pR Rg p
V nV p pp

c
RT





 
 

   
 

x d  (40)

 

The elements of the fifth state equation are: 
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6. Model validation 

The long term goal of the research is emission con-

trol by EGR systems. Regulations prescribe the emission of 

internal combustion engines. Therefore, the model perfor-

mance was evaluated in EU legally mandated World Har-

monized Transient Cycle [1].  

6.1. Measurements and steps of validation 

 

The validation of the model was made in two steps. 

At the first step most of the model parameters were adjusted 

on stationary operation points. On the second step the other 

parameters were set with transient cycles. 

At the first phase of the validation the engine works 

without EGR. With stationary operation points the follow-

ing parameters of the turbocharger can be set:  

- compressor isentropic efficiency; 

- turbine isentropic efficiency; 

- turbine model parameters; 

- mechanical efficiency of the turbocharger. 

Apart from the turbocharger, the engine’s volumet-

ric efficiency and the exhaust gas fraction of the released 

heat also can be set. For the validation in transient cycles a 

representative part of WHTC was chosen. From 1190 to 

1370 s several different operation points can be found: idle, 

high load on low revs and low loads on higher revs with 

slow and fast changes too. In the validation process negative 

loads were not used because the applied eddy current brake 

cannot produce negative torques. The selected period is de-

picted in Fig. 5. The engine speed and the fuel consumption 

signal is given from the engine’s ECU by CAN messages. 

The torque signal is given from a tension load cell (Acell 

TC 30kg 462892). 
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During the measurements the position of the EGR 

valves does not change because the aim was to set pressure 

drop of the EGR systems. Besides, on higher loads with 

EGR the engine can reach its air-fuel ratio limit. To avoid 

very low air-fuel ratios the WHTC torque demand was mod-

ified to the 75% and to the 50% compared to the original 

torque demand. With closed EGR valves 75% was the 

torque demand multiplier, with opened ones 50% was the 

multiplier. The position of the exhaust brakes is also not 

changed because the first aim is to set the backpressure of 

the exhaust system. 

By the transient cycles the following parameters 

can be set: 

- volumes of the balance volumes; 

- effective areas of the valves and exhaust brakes; 

- time constant of the turbocharger. 

Finally, the validation can be continued with open 

EGR valves. In these operation cycles the effective areas of 

the valves can be set. 

A key part of the validation is the setting of the ex-

haust system backpressure and the setting of the model pa-

rameters of the turbine. These parameters determine the 

pressure ratio on the turbine which gives the turbine power. 

From the turbine power the compressor power can be esti-

mated with (12) which also a key step for estimating the 

boost pressure in the intake manifold. Basically this energy 

transformation chain determines the excellent behaviour of 

the model.

 

Fig. 5 The applied input signals for the model from WHTC 

6.2. Evaluation of validation 

 

The validation can be done for those state variables 

which can be measured: 

- intake manifold pressure (p2); 

- exhaust manifold pressure (p3); 

- pressure between the turbine and the first exhaust brake 

(p4). 

Pressure measuring is done with Delta OHM 

HD9408T barometric pressure sensors. The accuracy of the 

sensor is ±0.5mbar. The pressure changes in the air path sys-

tem are in 0.1s order of magnitude, the used pressure sensor 

is appropriate. 

In a control oriented model, no more validation pa-

rameters needed, because the behaviour of the inner varia-

bles is not important from the aspect of model operation. 

The measured and the simulated results were com-

pared with each other with their RMS error: 
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In Fig. 6 the measured and the simulated pressures 

can be compared with each other with closed EGR valves. 

As it can be seen the simulated pressure follows well the 

measured pressure on medium and high loads. On low loads 

the simulation sometimes has faster dynamics compared to 

the measurement. To get the acceptable accuracy it was im-

portant to set well the backpressure of the exhaust system 

which determines the pressure downstream the turbine. Fi-

nally, (also with well-set turbine parameters) the exhaust 

and the intake manifold pressure also follow well the meas-

urements. Due to the simplifications a compromise was nec-

essary where every simulated pressure follows with accepta-

ble accuracy the measured signals. Each simulated pressure 

signals could be more accurate, but the presented results 

perform the expected accuracy with every simulated signal. 

In Fig. 7 the measured and the simulated pressure 

can be seen with open HP EGR valve. HP EGR changes the 

operation of the turbocharger because the recirculated ex-

haust gas decreases the mass flow rate through the turbine 

and also through the compressor. Because of these the boost 

pressure and the backpressure of the turbine also decreases. 

The amount of the HP EGR mass flow rate depends on the 

pressure difference between the exhaust and the intake man-

ifold. This pressure difference depends on the cooperation 

between the engine and the turbocharger. Therefore, the HP 

EGR mass flow rate determines the pressures in the air path 

system. 
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Fig. 6 Measured and simulated pressures without EGR (75% WHTC engine torque demand) 

 

Fig. 7 Measured and simulated pressures with HP EGR (50% WHTC engine torque demand) 

With LP EGR the operation of the internal com-

bustion engine does not change on lower loads because the 

mass flow rate through the turbocharger does not change. 

Therefore, the main step of the validation is to set the effec-

tive area of the LP EGR valve. If the simulated pressure 

downstream the turbine follows well the measurement, the 

intake and the exhaust manifold pressure will also follow 

well it. Because of this, only the pressure downstream the 

turbine is depicted in Fig. 8. The LP EGR mass flow rate is 

determined by the pressure ratio between the exhaust system 

and the low pressure part of the intake side. Therefore, the 

accuracy of the pressure in the exhaust system is important: 

the relative pressures are small here i.e. the pressure ratio is 

sensitive to the accuracy. 

In Table 3 the RMS errors can be seen for all oper-

ation modes. A typical aim for control oriented models is to 

achieve the error below 10% [25]. As it can be seen all of 

the RMS errors are below 6% i.e. the model development 

has reached its goal. The parameters that are used in the sim-

ulation model are listed in Table 4. 

Table 3 

RMS errors between the measured and the simulated pressures 

Validation mode Intake manifold pressure Exhaust manifold pressure Pressure downstream the turbine 

Operation without EGR 4.43% 2.76% 1.16% 

Operation with HP EGR 3.82% 5.33% 0.77% 

Operation with LP EGR 5.18% 3.07% 0.97% 
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Fig. 8 Measured and simulated pressure downstream the turbine with LP EGR (50% engine torque in WHTC) 

 

Table 4  

List of applied model parameters 

Sym

bol 
Parameter name Value 

AHPL Area of the HP EGR valve, m2 0.0002405 

ALPL Area of the LP EGR valve, m2 0.0003926 

AEB1 Area of the first exhaust brake, m2 0.005027 

AEB2 Area of the second exhaust brake, m2 0.005027 

ct Turbine mass flow model parameter 1 0.0000232 

ηegf Exhaust gas fraction of the released heat see Fig 4 

ηvol Volumetric efficiency of the engine, - 0.9 

Hl Diesel lower heating value, J/kg 43250000 

kt Turbine model parameter -1.47 

κ Adiabatic exponent of air 1.4 

ηm_tc Mechanical efficiency of the turbocharger see Fig 3 

p0 Ambient pressure, Pa 100000 

Δpes Relative backpres. of the exhaust system, Pa 3000 

R Specific gas constant of air, J/kgK 287 

T0 Ambient temperature, K 300 

ΔTic Temp. increase through the compressor, K 20 

τtc Time constant of turbocharger, s 0.2 

V2 Volume of the intake manifold, m3 0.085 

V3 Volume of the exhaust manifold, m3 0.05 

V4 Vol. between the turbine and the first EB, m3 0.002 

V5 Volume between the two exhaust brakes, m3 0.05 

Vd Engine displacement, m3 0.003922 

7. Conclusion 

The operation of the exhaust brake supported dual 

loop EGR system modifies the operation of the engine. 

There are significant changes in the mass flow rates, in the 

pressures and the turbocharger operation. Therefore, the fuel 

consumption and the emission of the engine also change. To 

analyse these effects a pressure-mass flow rate based engine 

model with five state variables is a suitable opportunity. The 

state variables are the pressures in the intake and the exhaust 

manifold, the pressures upstream the two exhaust brakes and 

the compressor power. The engine model should have four 

control inputs which are the effective areas of the exhaust 

gas recirculation valves and the exhaust brakes. The model 

has two disturbance inputs which are the engine speed and 

the fuel mass flow rate. Several significant simplifications 

can be realised. The important ones are the temperatures: on 

the intake side the temperatures are ambient, on the exhaust 

side the temperature is the same as in the exhaust manifold 

which is calculated analytically. The exhaust side tempera-

ture is depended on the exhaust gas fraction of the released 

heat in the cylinders. Also a significant simplification is the 

handling of the volumetric efficiency and the turbocharger’s 

isentropic efficiencies as a constant. The model parameters 

can be set to achieve less than 10% root main square error 

in transient cycle validation. 
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Á. Nyerges, M. Zöldy 

MODEL DEVELOPMENT AND EXPERIMENTAL 

VALIDATION OF AN EXHAUST BRAKE 

SUPPORTED DUAL LOOP EXHAUST GAS 

RECIRCULATION ON A MEDIUM DUTY DIESEL 

ENGINE 

S u m m a r y 

In this paper the modelling process and issues were 

presented of a turbocharged commercial Diesel engine. The 

engine is equipped with dual-loop exhaust gas recirculation 

system which is supported with exhaust brakes. The aim of 

the paper was to analyse the modelling challenges, discover 

the simplification possibilities and present a control oriented 

state-space model. In further researches the dynamic behav-

iour, the emission and the fuel consumption of the engine 

will be analysed therefore the given model has to contain 

these properties. For these aims a pressure-mass flow rate 

based model type was chosen. The air path system of the 

engine can be divided into six different balance volumes and 

finally five state variables were defined. The state variables 

are pressures in the air path system and the compressor 

power. The engine has four control inputs which are the ef-

fective areas of the exhaust gas recirculation valves and the 

exhaust brakes. The model has two disturbance inputs which 

are the engine speed and the fuel mass flow rate. Among the 

parameters several significant simplifications can be real-

ised. The nonlinear system was also written in state-space 

form to facilitate control synthesis. The model was validated 

by engine dyno measurements where a section of World 

Harmonized Transient Cycle was used. The engine model 

now is ready for developing an exhaust brake backpressure 

controller. 

Keywords: Diesel engines, Dual loop exhaust gas recircu-

lation, Exhaust brake, Engine model validation. 
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