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1. Introduction

In rotating machinery, the misalignment of the
couplings or the unbalanced force caused by the mass ec-
centricity of a rotating part may lead to serious vibration of
the rotor system, and even make the shaft to suddenly break.
In order to reduce the vibration of the rotor system, it takes
a lot of time to precisely align the couplings, especially for
rigid couplings. Despite efforts to aligning interconnected
shafts accurately, perfect alignment between shafts is chal-
lenging to maintain and achieve. With the emergence of per-
manent magnet coupling, this situation has been greatly
changed. Permanent magnet coupling relies on the magnetic
force of permanent magnet materials to achieve the trans-
mission of speed and torque between the driver shaft and the
driven shaft. Due to its excellent characteristics such as non-
contact transmission, vibration isolation and noise reduc-
tion, low alignment accuracy and flexible starting, perma-
nent magnet couplings have been widely used in rotating
machinery systems in recent years. Compared with tradi-
tional mechanical couplings, such as elastic pin couplings,
diaphragm couplings, etc., the permanent magnet couplings
have lower requirements for the alignment accuracy of the
driver shaft and the driven shaft. However, when there is a
large axial or radial misalignment, it will inevitably have a
certain impact on the vibration characteristics of the rotor
system. Especially for high speed and light load conditions,
misalignment is the main factor leading to the failure of the
coupling and its system. Many research results show that the
misalignment faults account for more than 60% of the total
failures of rotating machinery systems. In addition, the un-
balanced force caused by the mass eccentricity of the rotat-
ing part will also lead to vibration of the rotor system. There-
fore, it is of great significance for engineering application to
study the effects of misalignment and unbalance on vibra-
tion characteristics of rotor system.

Many researchers have carried out a lot of studies
on the vibration characteristics of rotor system. Ma et al. [1]
developed the finite element model (FEM) of rotor system
with coupling parallel misalignment based on Timoshenko
beam theory, and found that the existence of parallel misa-
lignment can intensify the slight collision. Wang et al. [2]
investigated the influences of initial clearance, mass eccen-
tricity and inter-shaft bearing stiffness on the dynamic char-
acteristics of dual-rotor bearing system. Sawalhi et al. [3]
presented a parallel misalignment model and coupling bend-
ing stiffness measurement of a rotor-bearing system. Liu et
al. [4] studied the dynamic effects of structure parameters
and the external load on the stiffness and contact state of the

aero-engine rotor joints with nonlinear finite-element
method. Lu et al. [5] developed a nonlinear dynamic and
lumped parameter model of the rotor bearing system, and
analyzed the effects of rotor hybrid eccentricity and bearing
clearance on dynamic characteristics of the rotor bearing
system of a permanent magnet motorized spindle. Xue et al.
[6] investigated the non-linear dynamic meshing force of
spline coupling in aero-engine under different misalignment
and mass eccentricity. Wang et al. [7] used Newmark-3
method to solve the nonlinear equations of rotor system, and
studied the dynamic analysis of rotor system with misalign-
ment and unbalance coupled faults. Mohamed et al. [8] dis-
cussed the simultaneous effect of imbalance and misalign-
ment on the vibration spectra of rotating machinery, and de-
veloped a numerical model in order to obtain the time and
frequency responses of the rotor-coupling-bearing system.
Liet al. [9] derived the motion equations of the rotor system
based on Lagrange method after taking into account a ho-
lonomic constraint characterized by the parallel misalign-
ment between two rotors, and discussed the dynamic re-
sponses of the rotor system. Wang et al. [10] derived a uni-
fied expression for the unbalanced magnetic pull of the mo-
tor under various pole pairs and air-gap eccentricities, and
analyzed the effect of the unbalanced magnetic pull and har-
monic response characteristics on the rotor. Huang et al.
[11] established a dynamic model for the rotor system cou-
pled with parallel misalignment and mass eccentricity, and
investigated the dynamic behaviors of rotor system using
numerical integral method. Deepak et al. [12] presented the
results of Harmonic analysis of the Aluminium shaft rotor
bearing system with rigid coupling under parallel misalign-
ment using FEA. Wang et al. [13] developed the dual-rotor
dynamic model with unbalance-misalignment and investi-
gated the effects of different rotational angular speeds, mass
eccentricity, misalignment angle and parallel misalignment
on dynamic characteristics. Wang et al. [14] proposed a
five-degree of freedom (5-DOF) nonlinear force model con-
sidering bearing misalignment. The model comprehensively
considered the parallel and angular misalignment, static and
dynamic misalignment, inner ring and outer ring misalign-
ment. Xie et al. [15] clarified the rotor-dynamic and vibra-
tion performances of a new bearings-rotor coupled system,
and analyzed the influences of rotating speed, external load,
length-diameter ratio and other parameters on the Iubrica-
tion performances and supporting behaviors of the bearings.
Chen et al. [16] explored the unbalanced magnetic pull
equation of the permanent magnet synchronous motor rotor,



and studied the effects of electromagnetic stiffness coeffi-
cient, mass unbalance parameters and damping on the over-
all dynamic response.

As can be seen from the above published litera-
tures, there are many studies on the vibration characteristics
of rotor systems. However, there are few researches on the
vibration characteristics of rotor system with permanent
magnet drive. In view of the wide applications of permanent
magnet coupling in mechanical transmission systems, it is
necessary to study the vibration characteristics of rotor sys-
tem with permanent magnet drive. In this paper, the vibra-
tion characteristics of centrifugal pump rotor system driven
by asynchronous disc permanent magnet coupling
(ADPMCQ) is studied. This paper aims to analyze the effect
of misalignment and unbalance on the vibration characteris-
tics of centrifugal pump rotor system, and provide refer-
ences for the practical engineering application of ADPMC.

2. Model of the Centrifugal Pump Rotor System

The three-dimensional model of the centrifugal
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pump rotor system driven by ADPMC is shown in Fig. 1.
The motor power used to drive the rotor system is rated at
55 kW, and the rated operating speed is 3000 r/min. As can
be seen from Fig. 1, the centrifugal pump rotor system
mainly includes the driver rotor of ADPMC, driven rotor of
ADPMC, angular contact ball bearing I, angular contact ball
bearing II, centrifugal pump shaft, cylindrical roller bearing
II and impeller. A pair of angular contact ball bearing I and
bearing II are installed back-to-back on the left journal of
the centrifugal pump shaft. A set of cylindrical roller bear-
ing III is installed on the right journal of the centrifugal
pump shaft. The ADPMC is characterized by an asynchro-
nous disk structure. Its driver rotor is a conductor disk struc-
ture, and its driven rotor is a permanent magnet disk struc-
ture. The axial air gap is arranged between the conductor
disk and the permanent magnet disk, and the air gap is full
of the magnetic field line. The driver rotor and driven rotor
of ADPMC are respectively connected with the motor shaft
and the centrifugal pump shaft through the flange sleeves.
The driver rotor and driven rotor of ADPMC are transmitted
asynchronously during operating.

Fig. 1 Three-dimensional model of centrifugal pump rotor system: / — driver rotor of ADPMC, 2 — driven rotor of ADPMC,
3 —bearing 1, 4 — bearing II, 5 — centrifugal pump shaft, 6 — bearing III, 7 — impeller

3. Calculation of Unbalanced Magnetic Pull of ADPMC
3.1. Structure and parameters of ADPMC

When a pair of permanent magnetic disk and con-
ductor disk of permanent magnet coupling are coupled, a
large axial force will be generated. In order to reduce the
adverse effect of axial force on bearings in rotor system,
ADPMC usually adopts standard dual-coupled structure in
engineering application. Fig. 2 shows parametric model of
the dual-coupled disk of ADPMC in rotor system.
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Fig. 2 Parametric model of ADPMC

The driver rotor of ADPMC is a double conductor
disk. The left conductor disk and the right conductor disk
are fixed to the left yoke iron and the right yoke iron, re-
spectively. Then, the left conductor disk and right conductor
disk are rigidly connected. The driven rotor of ADPMC is a
double permanent magnet disk. The left and right permanent
magnets are embedded in the left and right aluminium alloy
positioning disks respectively, and then they are fixed to the
middle yoke iron as a whole. The left and right permanent
magnets are all axially magnetized, and the magnetic circuit
is an alternating arrangement of N-S magnetic poles. The
technical parameters of ADPMC are listed in Table 1.

3.2. Calculation of axial magnetic pull of ADPMC

In order to study the effect of misalignment on the
vibration characteristics of centrifugal pump rotor system, it
is necessary to calculate the unbalanced magnetic pull
caused by the misalignment of ADPMC. When the ADPMC
is installed, the axial, radial, or angular misalignment may
occur because the position of the driver shaft and the driven
shaft is not accurate. In this paper, the effects of axial and
radial misalignment of ADPMC on the vibration character-
istics of rotor system are discussed. Firstly, the effect of ax-
ial misalignment of ADPMC on vibration characteristics of
centrifugal pump rotor system is studied. When the ADPMC
has axial misalignment, it will lead to an axial unbalanced
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Table 1
Technical parameters of ADPMC

Parameter name Value Parameter name Value
Inner radius of permanent magnet r,,;, mm 80 Inner radius of conductor disk 7,;, mm 74
Outer radius of permanent magnet 7,,, mm 130 Outer radius of conductor disk r.,, mm 136
Thickness of permanent magnet £,, mm 12 Thickness of conductor disk #,, mm 5
Thickness of middle yoke iron 7, mm 12 Thickness of left yoke iron 7., mm 12
Magnetic poles of left disk p 12 Thickness of right yoke iron #,., mm 10
Magnetic poles of right disk p 12 Pole pitch angle 9, ° 30
Air gap thickness g, mm 3.5 Pole arc angle 6,, ° 20
Remanence of permanent magnet B,, mT 1300 Relative permeability of permanent magnet £, 1.1123
Coercivity of permanent magnet H,,, kA/m 930 Relative permeability of copper conductor 4, 0.999991
Conductivity of copper conductor o, S/m 5.8x107 | Relative permeability of aluminium alloy 1.000021
Vacuum permeability o, H/m 471107 | Operating temperature 7, °C 20

£+Az

Fig. 3 Diagram of ADPMC with axial misalignment

magnetic pull. Fig. 3 shows the axial misalignment Az be-
tween the permanent magnet disk and the conductor disk of
ADPMC.

Compared to the ideal air gap thickness g, the left
air gap thickness increases by Az and naturally the right air
gap thickness decreases by Az. According to the technical
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parameters of ADPMC in Table 1, the three-dimensional
FEM of ADPMC is established. The three-dimensional tran-
sient magnetic field of ADPMC is simulated by finite ele-
ment software. The magnetic flux density distribution of
conductor disk and the axial unbalanced magnetic pull are
obtained when there are different axial misalignments.

Fig. 4 shows the magnetic flux density distribution
of the left and right conductor disks of ADPMC when the
axial misalignment Az is | mm, 2 mm and 3 mm. It can be
seen from Fig. 4 that when the axial misalignment Az is
1 mm, the maximum magnetic flux density of the left and
right conductor disks of the ADPMC are 806 mT and
1033 mT, respectively. When the axial misalignment Az is
2 mm, the maximum magnetic flux density of the left and
right conductor disks of the ADPMC is 761 mT and
1101 mT, respectively. Accordingly, when the axial misa-
lignment Az is 3 mm, the maximum magnetic flux density
of the left and right conductor disks of the ADPMC is
714 mT and 1183 mT, respectively. Therefore, with the in-
crease of axial misalignment Az, the maximum magnetic
flux density of the left conductor disk gradually decreases,
while the maximum magnetic flux density of the right
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Fig. 4 Magnetic flux density distribution of conductor disk of ADPMC with different axial misalignments: a — left disk
(4z=1mm), b — right disk (4z=1mm), ¢ — left disk (4z=2 mm), d — right disk (4z=2 mm), e — left disk

(4z = 3 mm), f —right disk (4z = 3 mm)



conductor disk gradually increases, which is related to the
change of the air gap thickness between the conductor disk
and the permanent magnet disk.

Fig. 5 shows the axial unbalanced magnetic pull of
ADPMC with different axial misalignments. As can be seen
from Fig. 5, with the increase of axial misalignment of
ADPMC, the axial unbalanced magnetic pull between the
conductor disk and the permanent magnetic disk presents a
nonlinear and sharply rising trend. When the axial misalign-
ment Az is 1 mm, 2 mm and 3 mm, the axial unbalanced
magnetic pull F, between the driver rotor and the driven ro-
tor of ADPMC is 780 N, 1220 N and 2588 N, respectively.
It can be seen that ADPMC is sensitive to axial misalign-
ment Az.
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Fig. 5 Axial unbalanced magnetic pull of ADPMC

With the slight increase of axial misalignment, the
axial unbalanced magnetic pull F, increases significantly.
The axial unbalanced magnetic pull eventually acts on the
bearings, which will lead to the internal friction of the bear-
ings to intensify, and even the inner and outer ring defor-
mation, thus affecting the life of the bearings. Consequently,
a large axial misalignment of ADPMC is not allowed in en-
gineering applications.
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3.3. Calculation of radial magnetic pull of ADPMC

In order to study the effect of radial misalignment
of ADPMC on the vibration characteristic of rotor system,
it is necessary to calculate the radial unbalanced magnetic
pull between the driver rotor and driven rotor of ADPMC
under different radial misalignments. Fig. 6 shows the struc-
ture diagram of ADPMC with radial misalignment.

Similarly, according to the technical parameters of
ADPMC in Table 1, its three-dimensional FEM is estab-
lished. The three-dimensional transient magnetic field of
ADPMC is simulated by finite element software, and radial
unbalanced magnetic pull and the magnetic flux density of
conductor disk are solved when there are different radial
misalignments. Fig. 7 shows the magnetic flux density dis-
tribution of the left and right conductor disks of ADPMC
when the radial misalignment Ay is 1 mm, 3 mm and 5 mm.
As can be seen from Fig. 7, when the radial misalignment
Ay is 1 mm, the maximum magnetic flux density of the left
and right conductor disks of the ADPMC are 851 mT and
936 mT, respectively. When the radial misalignment Ay is
3 mm, the maximum magnetic flux density of the left and

Fig. 6 Diagram of ADPMC with radial misalignment
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Fig. 7 Magnetic flux density of conductor disk of ADPMC with different radial misalignments: a — left disk (4y = 1 mm),
b —right disk (4y = 1 mm), ¢ — left disk (4y = 3 mm), d — right disk (4y = 3 mm), e — left disk (4y =5 mm), f — right

disk (4y=5 mm)



right conductor disks of the ADPMC are 860 mT and
947 mT, respectively. Accordingly, when the radial misa-
lignment Ay is 5 mm, the maximum magnetic flux density
of the left and right conductor disks of the ADPMC are
854 mT and 946 mT, respectively. Therefore, it can be seen
that with the change of radial misalignment Ay, there is no
significant effect on the maximum magnetic flux density of
the left and right conductor disks. Obviously, this is related
to the constant air gap thickness between the permanent
magnet disk and the conductor disk.
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Fig. 8 Radial unbalanced magnetic pull of ADPMC

Fig. 8 shows the radial unbalanced magnetic pull
between the driver rotor and the driven rotor of ADPMC
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when there are different radial misalignments. As can be
seen from Fig. 8, with the increase of radial misalignment
Ay, the radial unbalanced magnetic pull between the con-
ductor disk and the permanent magnetic disk shows a slow
linear increasing trend.

When the radial misalignment Ay is 1 mm, 3 mm
and 5 mm, the radial unbalanced magnetic pull of ADPMC
are 12.5N, 35.2 N and 57.3 N, respectively. Obviously, it
can be seen that the radial unbalanced magnetic pull caused
by the radial misalignment is relatively small, which is re-
lated to the use of axial magnetic coupling between the
driver rotor and the driven rotor of ADPMC. Therefore, a
large radial misalignment of ADPMC can be allowed in en-
gineering applications.

4. Calculation of Radial Support Stiffness of Bearing
4.1. Axial force of angular contact ball bearing

The radial support stiffness of angular contact ball
bearing is related to the axial force, so the axial force of
bearing is calculated first. According to the structure and
force situation of the centrifugal pump rotor system, the
force diagram of the rotor system is drawn as shown in
Fig. 9. When the dynamic analysis of centrifugal pump rotor
system is carried out, the driver rotor and the driven rotor of
ADPMC can be isolated. It means that only the driven rotor
of ADPMC is included in the rotor system for vibration
characteristics analysis.
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Fig. 9 Force diagram of centrifugal pump rotor system

As shown in Fig. 9, a pair of angular contact ball
bearing I and bearing II are arranged back-to-back on the
left journal of the centrifugal pump shaft. If the axial preload
force F is applied to angular contact ball bearing, the axial
preload force of bearing I and bearing II are equal in
magnitude and opposite in direction, where F,, is 150 N.
The weight G, of the driven rotor of ADPMC is 170 N, and
the axial unbalanced magnetic pull it bears is F',. The weight
G, of the centrifugal pump shaft is 290 N. The weight G; of
the impeller is 250 N, and the operating axial force Fj
generated by the impeller is 600 N. The radial support
reaction forces on bearing I, bearing II and bearing III are
set as F,;, F,, and F,; respectively, and the axial derived
forces generated by bearing I and bearing II are F; and F,,.
The distance parameters between the operating points of
each radial force are as follows, /; = 149 mm, /, = 126 mm,
;=139 mm, /,=126 mm, /5=330 mm. According to the
equilibrium conditions of force and moment, the equations
are listed as follows:

YF,=0
{ . (M

XM, =0

The results of radial support reaction forces of
bearing I, bearing II and bearing III are calculated
respectively, where F,;, =70 N, F,=70N, F,=570N.

When the contact angle of angular contact ball
bearing I and bearing II are both 40 degrees, the axial de-
rived forces of bearing I and bearing II can be calculated
according to the following equation.

F,=1.14F,. 2

According to the above formula, the axial derived
force of bearing I is calculated, where F;; = 79.8 N. At the
same time, the axial derived force of bearing II is calculated,
where F, = 79.8 N.



Then, the axial force of angular contact ball bear-
ing I and bearing II are calculated respectively when the ax-
ial misalignment Az is 1 mm, 2 mm and 3 mm. As a con-
trast, the axial force of the angular contact ball bearing with-
out axial misalignment is also calculated, where Az = 0. The
resultant force of the axial unbalanced magnetic pull, axial
derived force, axial preload force and operating axial force
is calculated to determine that the angular contact ball bear-
ing I and bearing II are in a relatively pressed or relaxed
state, and the axial force of bearing I and bearing II are fur-
ther calculated. For the above four operating conditions, the
axial forces of angular contact ball bearing I and bearing II
are calculated as shown in Table 2.

Table 2
Axial force of angular contact ball bearing
Axial misalignment Axial force of Axial force of
Az, mm bearing | bearing II

Fa, N Fa, N
0 229.8 829.8
1 409.8 229.8
2 849.8 229.8
3 2217.8 229.8

4.2. Radial support stiffness of bearings

In order to analyze the vibration characteristics of
centrifugal pump rotor system, it is necessary to calculate
the radial support stiffness of each bearing.

Bearing I, bearing II and bearing III in the centrif-
ugal pump rotor system are all treated as elastic supports in
this paper. The structure diagram of the elastic support of
bearing to shaft is shown in Fig. 10. As shown in Fig. 10, ¢
represents the damping coefficient and K represents the
stiffness of the elastic support.

According to the reference [17], the radial support
stiffness K, of the angular contact ball bearing I is calcu-
lated as follows. In order to simplify the calculation,
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Fig. 10 Elastic support diagram of the bearing to the shaft:
1 — shaft, 2 — elastic support

the influence of damping is not considered, so the damping
coefficient c is set to zero.

K, =17.7236¢ 32> D, -

2
cos” a,
—_70 .3
—

, A3)
Isinay

where & represents the correction coefficient. Z represents
the number of angular contact ball bearing rolling element.
D,, represents the diameter of angular contact ball bearing
rolling element, ¢ represents the operating contact angle of
angular contact ball bearing, F,; represents the axial force
of the angular contact ball bearing.

Cylindrical roller bearing III is also treated as elas-
tic support. The radial support stiffness K,; of cylindrical
roller bearing III can be regarded as the result of the oil film
stiffness K,and the contact stiffness K, in series, and its cal-
culation formula expressed in reference [18] is as follows

1

1
—+
K,

1
1 0.13CE, " +BInF,+A+B’

Kr3 -

“4)

In the above formula, the undetermined parameters
A, B and C are calculated respectively by the following for-
mula:

SBAON L 039 ZI(R, +r) 4115050 — 10| 5)
r E'(R,—r)ZI
B=—668—— (6)
- Ew
C=028a" ()" 1 (R +r)"" [ (1-7) (1) (14 7) 2 (1) |E00Z00000 ™)

Here R, and R, represents the inner and outer raceway radius
of cylindrical roller bearing, » represents the radius of the
cylindrical roller element, £’ represents the comprehensive
modulus of elasticity of material, define £' = E/ (1-1%), E
represents the modulus of elasticity of material, v represents
Poisson's ratio, F,5 represents the radial force on the cylin-
drical roller bearing, / represents the effective contact length
of the cylindrical roller, Z represents the number of cylindri-
cal rollers, n; represents the speed of the inner raceway, 1
represents the viscosity of lubricating oil, & represents the
viscosity coefficient. In addition, define y=r/ (R, + 7).
Considering that the angular contact ball bearing
cannot be subjected to large axial force in the engineering

practice, otherwise it will greatly affect its life. Therefore,
the axial misalignment of ADPMC should not be too large.
Instead, it is advisable to take a smaller value. When the ax-
ial misalignment Az of ADPMC is 1 mm and 2 mm, the

Table 3
Radial support stiffness of the bearings

Axial Radial support| Radial support | Radial support
misalignment stiffness of stiffness of stiffness of
of ADPMC bearing I bearing II bearing III
Az, mm K, N/um K, N/um K3, N/um
0 193.3 296.5 645
1 2344 193.3 645
2 298.9 193.3 645




radial support stiffness of bearing I, bearing II and bearing
III are calculated respectively. As a comparison, the axial
support stiffness of each bearing is also calculated when
ADPMC has no axial misalignment, that is, Az = 0. In the
above three operating conditions, the radial support stiff-
ness of each bearing is listed in Table 3.

5. Modal Analysis of Centrifugal Pump Rotor System

In the following text, a modal analysis of centrifu-
gal pump rotor system will be conducted. The purpose of
modal analysis is to solve the natural frequencies and modal
shapes of the rotor system. The three-dimensional FEM of
the rotor system including the driven rotor of ADPMC, cen-
trifugal pump shaft and impeller is established. The bearings
at the left and right journal of the centrifugal pump shaft are
taken as the elastic supports. The radial support stiftness of
each bearing is shown in Table 3. The modal analysis of
centrifugal pump rotor system is solved by ANSY'S simula-
tion software to obtain the natural frequencies and modal
shapes of rotor system when the axial misalignment Az is
0 mm, 1 mm and 2 mm.The first six order natural frequen-
cies of the centrifugal pump rotor system under the above
three operating conditions are listed in Table 4.

As can be seen from Table 4, when the axial misa-
lignment Az of ADPMC is 0 mm, 1 mm and 2 mm respec-
tively, the natural frequencies of the centrifugal pump rotor
system with the same modal order are basically the same,
which is related to the arrangement of bearings. Since a pair
of angular contact ball bearing I and bearing II are centrally
arranged back-to-back on the left journal of the centrifugal
pump shaft, the radial support stiffness of the bearing com-
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bination will not be affected whether the bearing I is rela-
tively compressed and the bearing II is relaxed, or vice
versa. A cylindrical roller bearing is arranged at the right
journal of the centrifugal pump shaft, and its radial support
stiffness has nothing to do with the axial force. In addition,
it can be seen from Table 4 that the natural frequencies of
the 3rd and 4th order of the rotor system are the same, and
that of the 5th and 6th order of the rotor system are the same,
which represents the vibration of the rotor system in the or-
thogonal direction.

Table 4
Natural frequency of centrifugal pump rotor system

Natural frequencies f/Hz
Modal order Az =0 mm Az =1 mm Az =2 mm
1st order 1.087 1.035 1.035
2nd order 22.22 20.95 20.95
3rd order 78.43 78.19 78.36
4th order 78.43 78.19 78.37
5th order 193.52 194.04 199.77
6th order 193.53 194.05 199.77

The first six modal shapes of the centrifugal pump
rotor system are shown in Fig. 11. Among them, Fig. 11, a
shows the 1st order modal shape of rotor system, which
mainly represents the angular torsional vibration of the per-
manent magnet disk and the impeller. Fig. 11, b shows the
2nd order modal shape of rotor system, which mainly repre-
sents the axial vibration of the rotor system. Fig. 11, ¢ and
Fig. 11, d shows the 3rd order and 4th order modal shapes
of rotor system respectively, which are also the Ist order
bending modal shapes of the rotor system. They mainly rep-
resent the vibration of the impeller in the orthogonal

(&

f

Fig. 11 Modal shapes of centrifugal pump rotor system: a — 1st order, b — 2nd order, ¢ — 3rd order, d — 4th order, e — 5th

order, f — 6th order



direction. Similarly, Fig. 11, e and Fig. 11, f shows the 5th
order and 6th order modal shapes of rotor system, which are
also the 2nd order bending modal shapes of the rotor system.
They mainly represent the vibration of the permanent mag-
net disk in the orthogonal direction. According to the 1st or-
der and 2nd order bending modal shapes of rotor system in
Fig. 11, c and Fig. 11, e, the bending vibration of the impel-
ler and the permanent magnet disk can be reduced by in-
creasing the radial support stiffness of the centrifugal pump
shaft.

6. Harmonic Response Analysis of Centrifugal Pump
Rotor System

In order to analyze the harmonic response charac-
teristics of the centrifugal pump rotor system, it is necessary
to define the excitation sources. The main excitation sources
that cause vibration of rotor system include the unbalanced
magnetic pull, the unbalanced force and the exciting force.
Among them, the unbalanced magnetic pull is caused by
ADPMC misalignment, the unbalanced force is caused by
mass eccentricity of the impeller at high speed [19], and the
exciting force is caused by some other factors such as wear
and aging of bearing and so on. In this paper, the effects of
the first two excitation sources on the radial vibration char-
acteristics of the rotor system will be studied, and the radial
vibration response of the rotor system caused by a single ex-
citation source and dual excitation sources will be consid-
ered respectively.
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According to the above analysis, the axial misa-
lignment of ADPMC will give rise to large axial unbalanced
magnetic pull, which will affect the radial support stiffness
of angular contact ball bearings. The radial misalignment of
ADPMC will bring about a certain radial unbalanced mag-
netic pull, which will cause radial vibration of the centrifu-
gal pump rotor system. When ADPMC is installed, there
may be both axial misalignment and radial misalignment.
But the unbalanced magnetic pull is more sensitive to the
axial misalignment of ADPMC. Therefore, the axial misa-
lignment of ADPMC should be as small as possible in engi-
neering applications. In the following, the effects of differ-
ent excitation sources on the radial vibration characteristics
of rotor system are discussed only when the axial misalign-
ment Az of ADPMC is 1 mm.

Fig. 12 shows the three-dimensional model of the
centrifugal pump rotor system for harmonic response anal-
ysis. In the same way, bearing I, bearing II and bearing III
are all considered as elastic supports in harmonic response
analysis. The radial unbalanced magnetic pull F,, is applied
to the rim of the permanent magnet disk as an exciting
source, and the unbalanced force F- caused by the mass ec-
centricity of the impeller is applied to the rim of the impeller
as another exciting source. Monitoring point M, is arranged
on the left journal of centrifugal pump shaft and monitoring
point M, is arranged on the right journal of centrifugal pump
shaft. The vibration characteristics of rotor system can be
represented by the radial vibration displacements of these
two points.

Fig. 12 Harmonic response analysis model of centrifugal pump rotor system

The vibration response analysis of the centrifugal
pump rotor system is carried out under two kinds of operat-
ing conditions. The condition 1 — the effect of a single exci-
tation source on the vibration characteristics of the rotor sys-
tem is analyzed. That is, only the radial unbalanced mag-
netic pull F, caused by the misalignment of ADPMC is ap-
plied to the rotor system for harmonic response analysis. In
this case, the unbalanced force F- is set to zero. The condi-
tion 2 — the effects of the combination of dual excitation
sources on the vibration characteristics of the rotor system
is studied. That is, the radial unbalanced magnetic pull F},
and the unbalanced force F - are applied to the rotor system
together. The vibration displacements of points M, and M,
are extracted to represent vibration characteristics of the ro-
tor system at the same time.

Firstly, the effect of single excitation source on vi-
bration characteristics of rotor system is studied. When the
radial misalignment Ay of ADPMC is 1 mm, 2 mm, 3 mm,
4 mm and 5 mm, the radial unbalanced magnetic pull £,

caused by misalignment is applied to the rotor system re-
spectively to analyze the harmonic response characteristics.

Fig. 13 shows the vibration spectrum of points M,
and M, obtained by harmonic response analysis. As can be
seen from Fig. 13, when the frequency of excitation source
is 78 Hz, that is, near the 1st order bending critical speed of
the rotor system, the vibration displacements of M, and M,
are small. However, when the frequency of excitation
source is approximately 194 Hz, that is, near the 2nd order
bending critical speed of the rotor system, the vibration dis-
placements of M, and M, are large. Moreover, with the in-
crease of the radial misalignment of ADPMC, the vibration
displacements of points M; and M, show an increasing
trend, especially near the 2nd order bending critical speed.
It can be seen that near the 2nd order bending critical speed,
when the radial misalignment Ay of ADPMC is | mm, 3 mm
and 5 mm, the vibration displacement of M, is 9.3 um,
26.3 um and 42.9 um, and the vibration displacement of M,
is 2.28 um, 6.42 um and 10.4 um respectively.
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The ADPMC works in an asynchronous drive
mode, and the slip rate between the driver end and the driven
end is about 5%. The rated operating speed of the drive mo-
tor is 3000 r/min. Accordingly, the operating speed of the
rotor system is 2850 r/min, and the corresponding operating
frequency is 47.5 Hz. As can be seen from Fig. 13, when the
radial misalignment Ay of ADPMC is 1 mm, 2 mm, 3 mm,
4 mm or 5 mm, the vibration displacements of points M, and
M, are relatively small near the operating frequency of
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47.5 Hz. Obviously, the radial misalignment of ADPMC
has no significant effect on the vibration of rotor system, and
even allows the existence of millimeter level radial misa-
lignment of ADPMC, which fully indicates that ADPMC
has a good vibration isolation characteristic between the
driver shaft and the driven shaft in rotating machinery.
Therefore, ADPMC has been widely applied in mechanical
transmission systems, especially in those with strict require-
ments for vibration.
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Fig. 13 Vibration spectrum diagrams of monitoring points under single excitation source: a — vibration spectrum of point

M,, b — vibration spectrum of M,

Secondly, the effect of dual excitation sources on
the vibration characteristics of the centrifugal pump rotor
system is analyzed. In other words, the radial unbalanced
magnetic force F, and the unbalanced force F. caused by
the mass eccentricity of the impeller are jointly applied to
the rotor system for harmonic response analysis. To simplify
the calculation, in this paper, when the radial misalignment
of ADPMC is 1 mm, 3 mm and 5 mm, the resulting unbal-
anced magnetic pull F), is applied to the rim of the perma-
nent magnet disk, respectively. Meanwhile, the unbalanced
force F caused by the mass eccentricity of the impeller is
applied to the rim of impeller, and the unbalanced force F
is IO N, 20 N, 30 N, 40 N and 50 N respectively.

Fig. 14 shows the vibration spectrums of points M,
and M, under the action of dual excitation sources. Fig. 14,
a shows the vibration spectrum of point M, when the radial
misalignment of ADPMC is 1 mm. As can be seen from
Fig. 14, a, when the unbalanced magnetic pull ), is con-
stant, with the increase of the unbalanced force F, the vi-
bration response of point M, at the 3rd order natural fre-
quency increases significantly, but the vibration response of
point M, at the 5th order natural frequency is almost un-
changed. When the unbalanced force F is 50 N, the vibra-
tion response of point M, at the 3rd order natural frequency
is 43.4 um, and the vibration response of point M, at the 5th
order natural frequency is 9.32 um.

Fig. 14, b shows the vibration spectrum of point M,
when the radial misalignment of ADPMC is | mm. It can be
seen that the vibration response characteristics of points M,
and M, are similar. However, the vibration response of point
M, at the 5th order natural frequency is smaller. When the
unbalanced force Fis 50 N, the vibration response of point

M, is 98.1 pm at the 3rd order natural frequency and the vi-
bration response of point M, is 2.20 um at the 5th order nat-
ural frequency.

Fig. 14, ¢ shows the vibration spectrum diagram of
point M; when the radial misalignment Ay of ADPMC is
3 mm. Fig. 14, e shows the vibration spectrum diagram of
point M, when the radial misalignment Ay of ADPMC is
5 mm. Combined with Fig. 14, a, it can be seen that with the
radial misalignment of ADPMC increases, the vibration re-
sponse of point M, at the 3rd order natural frequency is ba-
sically unchanged, while the vibration response of point M,
at the 5th order natural frequency increases significantly.
When the radial misalignment Ay of ADPMC is 5 mm and
the unbalanced force F- is 50 N, the vibration response of
point M, is 42.4 um at the 3rd order natural frequency and
the vibration response of point M, is 42.8 um at the 5th or-
der natural frequency.

Fig. 14, d shows the vibration spectrum diagram of
point M, when the radial misalignment Ay of ADPMC is
3 mm. Fig. 14, f shows the vibration spectrum diagram of
point M, when the radial misalignment Ay of ADPMC is
5 mm. Meanwhile, combined with Fig. 14, b, it can be seen
that with the radial misalignment of ADPMC increases, the
vibration response of point M, at the 3rd order natural fre-
quency is basically unchanged, while the vibration response
of point M, at the 5th order natural frequency increases
slightly. When the radial misalignment Ay of ADPMC is
5 mm and the unbalanced force F-is 50 N, the vibration re-
sponse of M, is 96.6 um at the 3rd order natural frequency
and the vibration response of M, is 10.4 um at the 5th order
natural frequency.
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when the radial misalignment Ay of ADPMC is 5 mm and
the unbalanced force F is 50N, the vibration response of

point M, is 0.11 pm. Meanwhile, the vibration response of
point M, is 0.65 pm. It can be seen that the vibration re-
sponse of the centrifugal pump rotor system fully meets the

The vibration responses of points M, and M, at the
3rd order and 5th order natural frequencies under various
operating conditions are analyzed in the previous text. How-
ever, regardless of the above-mentioned operating condi-
tions, the vibration responses of points M, and M, are very

small near the operating frequency of 47.5 Hz. For instance,
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Fig. 14 Vibration spectrum diagrams of monitoring points under dual excitation sources: a — vibration spectrum of point M,
(4y =1 mm), b - vibration spectrum of point M, (4y =1 mm), c — vibration spectrum of point M, (4y = 3 mm),
d — vibration spectrum of point M, (4dy =3 mm), e — vibration spectrum of point M, (4dy =5 mm), f— vibration

spectrum of point M, (4dy =5 mm)



7. Conclusions

In this paper, a model of centrifugal pump rotor
system driven by ADPMC is developed. The vibration char-
acteristics of centrifugal pump rotor system is studied con-
sidering the effects of unbalanced magnetic pull caused by
the misalignment of ADPMC and the unbalanced force
caused by mass eccentricity of impeller. The main conclu-
sions are as follows:

1. The unbalanced magnetic pull caused by the ax-
ial misalignment of ADPMC is large, while the unbalanced
magnetic pull caused by the radial misalignment of ADPMC
is relatively small. In engineering applications, large radial
misalignment is allowed when ADPMC is installed, but
large axial misalignment is not allowed.

2. The natural frequencies of the rotor system with
the same modal order are basically the same under different
operating conditions, which is related to the arrangement of
bearings in the rotor system. The first order bending modal
shapes of the rotor system is represented by the impeller vi-
bration in the orthogonal direction, and the second order
bending modal shapes of the rotor system is represented by
the permanent magnet disk vibration in the orthogonal di-
rection.

3. The results of harmonic response analysis show
that the vibration displacements of the left and right journal
of the centrifugal pump shaft are small under the action of
the unbalanced magnetic pull and the unbalanced force of
the impeller near the operating frequency, which fully meets
the operating requirements. It also shows that ADPMC is
not sensitive to the radial misalignment, that is, the large ra-
dial misalignment of ADPMC will not result in severe vi-
bration of the rotor system. Therefore, ADPMC has positive
isolation vibration characteristics between linked shafts.
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H. Mu, H. Zhai, C. Shen, L. Wu, X. Chu, W. Zhu

VIBRATION CHARACTERISTICS ANALYSIS OF
ROTOR SYSTEM WITH PERMANENT MAGNET
DRIVE CONSIDERING MISALIGNMENT AND
UNBALANCE

Summary

Misalignment and unbalance are two major me-
chanical faults in rotating machinery. In recent years, with
the increasing application of permanent magnet coupling in
rotating machinery, it is necessary to study the misalignment
and unbalance of rotor system with permanent magnet drive.
In this paper, the vibration characteristics of centrifugal
pump rotor system driven by ADPMC considering misa-
lignment and unbalance faults will be discussed. First, the

(Mo
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three-dimensional models of ADPMC with axial and radial
misalignments are established respectively, and the axial
and radial unbalanced magnetic pull of ADPMC are solved.
Second, the axial force of angular contact ball bearing and
radial force of cylindrical roller bearing are calculated under
different operating conditions. Further, the radial support
stiffness of each bearing is obtained. Third, the modal anal-
ysis of rotor system driven by ADPMC is carried out to ob-
tain the natural frequencies and modal shapes. Finally, the
radial unbalanced magnetic pull of ADPMC and unbalanced
force caused by mass eccentricity of impeller are taken as
the excitation sources, and the harmonic response of rotor
system are calculated. The results show that the axial misa-
lignment of ADPMC will cause a larger unbalanced mag-
netic pull, and the radial misalignment of ADPMC will lead
to a smaller unbalanced magnetic pull. When ADPMC has
different misalignment faults, the natural frequencies of
same modal order of rotor system are basically the same. In
the vicinity of the operating frequency, the vibration dis-
placement at two journal of the rotor system excited by dual
excitation sources are both small. Therefore, large radial
misalignment of ADPMC can be allowed in rotor system,
and ADPMC has good vibration isolation characteristics be-
tween the driver shaft and the driven shaft. The results pro-
vide important engineering references for the application of
ADPMC in rotating machinery.

Keywords: ADPMC, misalignment, rotor system, modal
analysis, harmonic response, unbalance.
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