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1. Introduction 

Axles are critical components that have a signifi-

cant impact on vehicle performance and safety. Axles main-

tain the distance between the wheels and the horizontal po-

sition of the wheels relative to the vehicle body. In heavy – 

duty vehicles, front and rear axles have different designs due 

to their different functions [1, 2]. While the non – driven 

rigid front axle usually performs steering and load carrying 

tasks, the rear axle is often integrated into the drivetrain and 

plays a role in power transmission. In commercial vehicles, 

the rigid front axle is often not considered as part of the 

drivetrain [3]. 

A front axle housing usually consists of an I-sec-

tion beam extending from one spring seat to the other. The 

axle housing can exhibit different design variations depend-

ing on the layout of the vehicle structural elements [3, 4]. A 

downward curved design provides more space for the en-

gine, allowing assembly to be carried out at lower levels, 

while an upward curved front axle housing offers a high de-

gree of ground clearance [4, 5]. Fig. 1 shows a typical front 

axle structure used in heavy commercial vehicles.  

The load conditions to which the front axle is sub-

jected vary depending on different driving conditions. 

Therefore, the axle structure needs to be optimised to resist 

various driving behaviours [4]. Especially when braking is 

applied during cornering, the acceleration of the vehicle 

body causes an increase in the front axle load and a simul-

taneous decrease in the load on the rear axle. There is also a 

load transfer between the wheels of the axle depending on 

the direction of rotation. During braking, the front axle is 

subjected to approximately 70% of the total load, assuming 

the load transfer due to braking at the wheels and bending 

loads due to the load carried by the vehicle [6, 7]. The load 

conditions representing the various driving conditions can 

be found in the open literature [8]. All these load conditions 

are critical in axle design and must be taken into account 

during the design process [9, 10]. 

When designing the front axle geometry, factors 

such as straight-line stability, steering response and tyre 

wear must be optimised to suit the overall behaviour of the 

vehicle [4]. On the other hand, the axle beam accounts for 

about 10% of the unsprung mass [11, 12]. Reducing the un-

sprung mass is of great importance to improve the ride com-

fort and handling of the vehicle. For this reason, the design 

of the axle housing has long been considered in the context 

of lightweighting studies [1, 13, 14]. 
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Fig. 1 Design example [Courtesy of BMC Automotive In-

dustry and Trade Inc.]: a – heavy-duty commercial 

truck, b – front axle assembly, c – structure of the 

front axle beam 
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In this study, the optimum lightweight structure of 

a heavy commercial vehicle front axle was examined by an 

approach combining Finite Element Analysis (FEA), Topol-

ogy Optimisation and Design of Experiments (DoE) meth-

ods. FEA was performed to determine the critical loading 

condition among those given in the literature. Topology op-

timisation was then performed to design a lightweight struc-

ture. DoE was applied to determine the optimum locations 

and dimensions of the mass reduction regions obtained from 

the topology optimisation. As a result of these analyses, a 

lighter front axle geometry was obtained. The improve-

ments provided by the new design in terms of efficient use 

of axle material are examined. 

To the best of the authors' knowledge, there is no 

study in the literature on the lightweighting of a heavy com-

mercial vehicle front axle using topology optimisation and 

the effect of this lightweighting on the efficient use of its 

material. 

 This study aims to fill the existing gap in the liter-

ature and also presents a method to reduce part material 

costs and summarises this method through an industrial case 

study. 

2. Load Model 

In the early stages of chassis and suspension de-

sign, load cases based on standard driving maneuvers are 

used instead of actual load cases, as wheel loads are often 

not available or are measured with prototypes [8]. In the 

most common driving conditions, drive, brake and side 

forces act on a vehicle wheel in addition to the vertical load 

[15]. The load cases given in the literature can be considered 

as a combination of the mentioned forces. In other words, 

the wheel acceleration components of these load cases in 

Cartesian coordinates are a coefficient for the forces ex-

pected to act on the wheel contact point in the static state 

[8]. 

In the load cases used in this study, it is assumed 

that the vertical load acting on the front axle of the vehicle 

in the static state is applied equally to the wheels. The forces 

acting on the wheel contact point for bumping, turning and 

turning braking conditions are given schematically and 

graphically in Fig. 2. Each load type has an acceleration 

component in three axes. For these load conditions, the load 

of the stationary vehicle in the vertical direction (z direction) 

is considered as a reference unit and the other loads are pro-

portional to this load condition. 

In the field test shown in Fig. 3, a road with a total 

length of 12,990 meters was preferred as the test path. When 

the instantaneous acceleration data obtained from the vehi-

cle during the test phase given in Fig. 3, b is analyzed, it is 

determined that the maximum acceleration value is 2.6G. 

This value is consistent with the results in the literature. 

3. Material and Methods 

3.1. Material 

The material choice in front axle manufacturing 

must  be  light  and  provide  high  rigidity to the axle. The  

             

a b 

       

c 

Fig. 2 Load cases: a – schematic view of the front axle [5], b – forces acting at the wheel contact point [16], c – force 

coefficients for various driving conditions [8] 
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4 Lateral Bump (2.50 G) 0 2.5 1 

5 Cornering Right (1.25 G) 0 1.25 1 

6 Braking & Cornering 0.75 0.75 1 

7 Braking in reverse (1.0 G) 1 0 1 

8 Acceleration (-0.5 G)  -0.5 0 1 

9 Accelerating & Cornering (0.7 G) -0.5 0.5 1 

10 Diagonal Load (front & rear) 0 0 1.75 

11 Vertical Bump (2.25 G) 0 0 2.25 

12 Vertical Rebound (0.75 G) 0 0 0.75 

13 Cornering Right (0.75 G) 0 0.75 1 

14 Cornering Left (0.75 G) 0 -0.75 1 

15 Braking (0.75 G) 0.75 0 1 

16 Acceleration (0.5 G) -0.5 0 1 
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Table 1 

The chemical composition and mechanical properties of 42CrMo4 

The Chemical Composition 

C Si Mn P S Cr Mo Ni Al Cu Sn 

0.4 0.3 0.83 0.009 0.026 1.14 0.24 0.15 0.027 0.15 0.008 

The Mechanical Properties 

Sut (MPa) Sy (MPa) HB A 

1300  877 N/mm2 269-320 %10 

 

 

a 
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Fig. 3 Test facility: a – test route, b – test vehicle, c – vertical 

wheel accelerations 

manufacturer uses 42CrMo4 in front axle manufacturing. 

The chemical composition and mechanical properties of this 

material obtained from the manufacturer are given in Ta-

ble 1. Here, Sut, Sy, HB and A represents tensile strength, 

yield strength, hardness and elongation respectively. 

3.2. Topology optimization 

Topology optimization is one of the most common 

type of structural optimization methods. It is used to esti-

mate the optimum material distribution within a given initial 

design space of the structure at the initial design phase. The 

topology, shape and size of the structure are not represented 

by standard parametric functions, but by many functions de-

fined over a constant design space. These functions are used 

to find the optimal material distribution for the target feature 

[17]. Shortly, it aims to find the optimal load path for a given 

load and boundary condition [18]. One of the most popular 

mathematical methods for topology optimization is the 

Solid Isotropic Material with Penalization (SIMP) method. 

The SIMP method estimates the optimum material distribu-

tion within a given design space for various load cases, 

boundary conditions, manufacturing constraints and perfor-

mance requirements. In this method, a penalty factor is used 

so that the intermediate densities assume values closer to 

zero or one, thus avoiding the formation of grey regions of 

intermediate densities [19]. The density distribution of ma-

terial, ρ, within a design space is discrete and each element 

is assigned a value in two variables where ρ is either 1 

(where material is required) or 0 (where material is re-

moved). In the SIMP approach, the relationship between the 

density design variable and the material property; 

( ) ( ) 0 , 1
p

ijkl ijklE x x E p=  , (1) 

( ) ( ), 0 1, x d V x x


       . (2) 

Here p is the penalization parameter, ρ is the den-

sity and E is Young's modulus. 

For p = 1, the optimization problem corresponds to 

the "variable – thickness – sheet" problem, which is a con-

vex problem [17, 20]. In this case, the material stiffness 

changes linearly with density and the optimization process 

becomes simple. A value of p > 1 decreases the stiff-

ness/volume ratio, thus making intermediate density unsuit-

able [18]; p values of 3 or greater are assumed to have good 

results for both 2D and 3D structures [18, 19]. It is important 

to note that the penalization effect is only effective in the 

presence of a volume constraint or some other constraint 

that indirectly limits the volume. In the absence of these 

constraints, penalization does not give the expected result 

and the optimization process is not effective. SIMP usually 

starts with a homogeneous distribution of densities in the 

design space and a specified volume fraction. The first step 

of the iterative analysis is the solution of the equilibrium 

equations, followed by a sensitivity analysis that calculates 

the derivatives of the design variables (e.g. element densi-

ties). To provide the numerical stability, filtering techniques 

are applied before the densities are updated using minimum 

suitability criteria, followed by a new FEA. This procedure 

is repeated until convergence is achieved.  

3.3. DoE-RSM 

DoE (Design of Experiments) and Response Sur-

face Methodology (RSM) were used via the DesignX-

plorer™ module of ANSYS/Workbench™ to obtain the fi-

nal geometry with the parameters selected from the geome-

try obtained from topology optimization. DoE – RSM is a 

numerical method used in parametric optimization applica-

tions. It determines the relationships between the geomet-

rical parameters of a structure and the system response to 
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variables such as maximum stress or deformation under de-

fined loading conditions. Depending on the number of input 

parameters, design points are defined by the software, and 

for the responses at these points, the input parameters have 

various variable values. Then, FEA is repeated at these 

points and the desired system response is determined. RSM, 

on the other hand, is used to generate a continuous function 

of the output parameters in terms of the geometric input pa-

rameters and this function is visualized as a surface to rep-

resent the system response. RSM uses a polynomial regres-

sion model, which can be expressed as follows [21]: 

0
1

k k

i i ij i j
i i j= 

= + + + y β β x β x x ε ; (3) 

matrix form is as follows: 

= +y Xβ ε . (4) 

Here, y is the observation vector, x is the model 

matrix, β is the vector of partial regression constants and ɛ 

is the error vector.  

3.4. Workflow 

The front axle investigated in this study has a suit-

able structure that is used in the heavy commercial vehicle 

segment and meets the safety requirements. Firstly, the test 

conditions specified in the literature were simulated with 

FEA on this axle virtual model. According to the results of 

this analysis, the critical loading condition causing higher 

stress concentration was determined and this case was used 

to determine the regions suitable for mass reduction on the 

front axle within the scope of topology optimization. After 

the topology optimization, a DoE – based mitigation study 

was carried out in the lower region of the spring table based 

on the seven parameters determined. The fatigue life analy-

sis of the new geometry was carried out by considering the 

notch effect of the discharges created for lightening. The 

flowchart of the method applied within the scope of the 

study is given in Fig. 4. 

4. Results and Discussion 

4.1. Finite element model and results 

The front axle solid model was imported into 

ANSYS® Workbench 2020R2 commercial FEA software 

to determine the critical load condition. The analysis model 

consists of a total of five elements: two supports, one front 

axle model and two axles as shown in Fig. 5, c. In order to 

simulate the road conditions, the reference model is placed 

on the supports, labelled as points C and D in Fig. 5, a. The 

distance between the contact points of the supports is equal 

to the vehicle track width (t). Vertical loads were applied at 

points A and B, which are defined as spring mounting sur-

faces. The distance H between the wheel contact point and 

the wheel rotation axis is determined by the dimensions of 

the tires used on the vehicle, as shown in Fig. 5, b.  

In the Finite Element (FE) model of the axle, 

SOLID187 elements were used, each consisting of a total of 

ten nodes with three linear degrees of freedom. The FE 

model contains a total of 202,445 elements and 324,198 

nodes. 

 

Fig. 4 Flowchart of the study 

4.2. Determination of critical load case 

In the first stage of the study, the front axle body 

was considered as a simple beam model as shown in Fig. 6, 

a and the stress distribution was analyzed through a selected 

section on the axle body. According to the results of the 

analysis, it was found that the lowest stress concentration 

occurred in the neutral axis region and the highest stress 

concentration occurred in the region farthest from the neu-

tral axis.  These high stress regions are labelled as CP1 and 

CP2  in  Fig. 6, b.  The  stress behavior of these regions was  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

  

 

 

 

  

 

d1 

   s1 

d2 
h1 C 

0.5l2 

h2 
h1 

d1 

s1    

 

 
 

 

 

 

   

  

 

  

  

 

 

 

 

  

 

 

                                    

    

    

    

    

   

   

l1 (mm) 

s 1
 (

m
m

) 

    

    

    

    

    

    

  

           
       
      

    

 

 

 

   

  

  

  

  

 

 

 

 

  

 

 

 

 

 

 

                  

    

    

    

    

   

   

d1 (mm) 

s 1
 (m

m
) 

    

    

    

  

           
       
      

    

    

Stage 5 
DoE - RSM  

  
  

 
  

        
 

  
  

 
  

        

 

 

 

 

 

 

 

 

 

 

  

 

 

 

 

Mean 
Stress 
(- σm ) 

σy 

σut 

Se 

σy 

Infinite Life 

Region 

 (+σm ) 

 

               

Stage 1 - CAD Modelling 

Stage 2 - Finding The Critical Loading Condition 

Stage 3 -Topology Optimisation 

Stage 4 - Parameter Selection 

Stage 5 - DoE & RSM 

Stage 6 -  Life Calculation  

Final Geometry 



 545 

   

a b 

 

c 

Fig. 5 Load model: a – free body diagram of the front axle, 

b – wheel dimensions, c – loads and boundary condi-

tions used in the FE analysis 

 

a 

    

b c 

Fig. 6 Idealisation of the loading case: a – bending moment 

diagram, b – principal stress distribution, c – von 

Mises stress distribution on the cross-sectional area 

also investigated. The CP2 area subjected to tensile stress 

was considered to be a potential damage zone and this area 

was defined as the critical zone. The stress change graph and 

stress behavior of the section are given in Fig. 6, b. 

In order to compare the effects of the load cases 

given in Fig. 2, c on the von Mises stress concentration, thir-

teen points (P1 – P13) were determined from the region (CP2) 

where the towing effect on the axle is the highest. The equiv-

alent von Mises stress values at these points under different 

loading scenarios are compared in Fig. 7. 

According to the results of the analyses, the point 

P13 at Cornering Right (0.75G), which has the lowest stress 

value, was accepted as a reference and the stress value of 

this point was scaled as one unit. The stress values obtained 

in other loading scenarios (σPn) were proportioned based on 

point P13 and shown on the graph. According to the graph, 

 

Fig. 7 Comparison of von Mises stress distributions for va-

rious load cases 

the highest stress concentration occurred at all points in the 

Vertical Bump (3G) loading case. This critical loading case 

was used in topology optimization to determine the regions 

of the front axle suitable for mass reduction, and then DoE 

–based parametric optimization was applied to determine 

the optimal location and dimensions of these regions. 

4.3. Mass reduction of front axle by topology optimisation 

 The topology optimization was performed using 

ANSYS® Workbench software. Initially, design regions 

where mass reduction is achieved and exclusion regions 

where the material will not be removed were determined. In 

Fig. 8, a, the defined exclusion zones are shown in red and 

design zones are shown in blue. The topology optimization 

was performed by defining a response constraint that aims 

to reduce the mass of the new geometry while maintaining 

25% of the mass of the reference model. The final model 

obtained is shown in Fig. 8, b. 

Preliminary studies for parametric optimization 

were carried out using the geometries extracted from the re-

gions suitable for mass reduction obtained as a result of the 

analysis. The geometries extracted for this mass reduction 

not only reduce the mass of the axle beam, but can also af-

fect the deformation of the axle. This deformation may af-

fect the camber angle of the wheels depending on the stiff- 

 

a 

 

b 

Fig. 8 Topology optimization of the axle beam: a – regions 

defined in the software for topology optimisation,  

b – the result of topology optimization 
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ness of the axle. 

Therefore, the dynamic behavior of the vehicle 

should be taken into account in addition to stress analyses 

when locating the mass reduction zones or determining the 

hole shape. Such modifications can lead to potential changes 

that can affect the handling or maneuverability of the vehi-

cle, so it is important to balance both factors.  

To achieve this balance, both the stress distribution 

and the dynamic response of the vehicle need to be opti-

mized. 

4.4. Determination of output parameters for DoE-based  

optimisation 

The point M given in Fig. 9 was repositioned for 

six selected points (P1 – P6) and the effect of these position 

changes on the wheel camber angle was analyzed. In the 

graph, the angle (α˚) obtained for the reference geometry is 

considered as one unit and the other points are proportioned 

according to this reference value. According to the results 

of the analysis, it was determined that the slot placed at any 

point on the axle body increases the camber angle with a 

maximum value as low as approximately 0.10. 

According to the simple beam approach given in 

Fig. 6, the center region of the axle is located on the neutral 

axis and is therefore considered as the minimum stress re-

gion. The geometrical shapes of the slots created for mitiga-

tion in this region were evaluated. According to the results 

of the topology analysis, two different models were created 

and the effect of the mitigation work to be performed in this 

region was evaluated. Fig. 10 shows the variation graphs of 

the geometries named as Reference, Model A and Model B 

with respect to each other in terms of mass, camber angle 

and equivalent stress. In all graphs, the values in the refer-

ence model are considered as one unit and the values of  
 

 

a 

 

b 

 

c 

Fig. 9 Effect of mass reduction on wheel camber: a – cam-

ber angle, b – mitigation zone, c – camber alteration 

 

a 

 

b 

 

c 

 

d 

 

e 

Fig. 10 Design models and variation graphs: a – the prelim-

inary beam structures for DoE, b – mass variation,  

c – equivalent stress variation, d – camber angle var-

iation, e – total deformation variation 

Model A and Model B are proportioned according to this 

reference. 

Although the mass of Model A was reduced by 

about 10% compared to the reference model, only a very 

small change of 0.05 degrees in the camber angle was ob-

served. The results of Fig. 9 and Fig. 10 show that the weight 

reduction has no significant effect on the camber angle. 

Therefore, the camber angle was not selected as an output 

parameter in the DoE step. In addition, a stress increase of 

about 77% was observed in Model A under the spring seat 

region. Model B showed a lower stress increase and total 

deformation in this region. The reason for this is that the 

slots in Model B form a lattice structure that allows the loads 

to be distributed more evenly throughout the body. Chang-

ing the size and position of these slots will directly affect the 
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stress and total deformation by causing differences in the 

lattice structure. Therefore, Model B was considered to be 

suitable for DoE– based optimization and the dimensions 

and locations of these slots were selected as input parame-

ters.  

4.5. DoE-based optimization  

Using the preliminary study and topology optimi-

sation analyses, a preliminary idealised model of the slots is 

shown in Fig. 11. The idealised CAD design of these slots 

was built using implemented [4] slot examples and imple-

mented in the DoE study. 

 

Fig. 11 The axle beam obtained after topology optimisation 

and the idealised geometry for DoE 

In the model created for DoE – based optimization, 

seven parameters including the size and position of the slots 

were determined. The parameters given in Fig. 12 are shown 

as slot diameters (d), widths (l), the height of the slot center 

point to the base (h) and the distance between the slots (s). 

The slot shapes in the areas shown as A and B are defined to 

be symmetrical to each other with respect to the axis sym-

metry point C. With these selected parameters, the mass, to-

tal deformation and in-slot equivalent stress of the front axle 

for the design points generated by the software were se-

lected as output and the design table was created. The pa-

rameter variation range was chosen in such a way that the 

axle integrity is not disturbed.  

Some of the samples generated by the software are  
 

 

a 

 

b 

 

c 

Fig. 12 The parameters for DoE-based optimization:  

a – mitigation zones, b – detail A, c – detail B 

given in Fig. 13. The regions shown in red represent the vol-

umes where mass reduction was performed. Also, the nu-

merical values of the parameters are in millimetres (mm). 

While obtaining the optimum parameter values from the RS 

graphs, the condition that the stress value of the housing and 

the axle mass should be minimum was defined as the design 

target. In addition, it is aimed not to create a new fracture 

zone or mode in the part body as a result of lightweighting. 

Fig. 14 shows the maximum von Mises stress variation 

graphs obtained from the slot regions of the part as a result 

of the parametric study. In the graphs, the minimum stress 

value is considered as a unit and other values are presented 

as a ratio to this reference value. 

Fig. 15 shows the percentages of influence of the 

design parameters on the mass and equivalent stress. When 

the graph is analyzed, it is seen that the diameter parameter 

 

Fig. 13 Some selected examples from the design table 
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Figure 1. Some selected examples from the design table 
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 a b 

 

  c d 

 

  e f 

Fig. 14 Response surface plots for equivalent stress values. The vertical axis (y) represents the value of parameter s1 and the 

horizontal axis (x) represents respectively: a – h2, b – d2, c – l2, d – l1, e – d1 and f – h1 

d2 has the highest negative effect on the mass, but shows the 

largest positive effect on the equivalent stress. This indicates 

that increasing d2 can increase the equivalent stress while 

significantly decreasing the mass. The parameter h2 shows 

a similar trend, causing a decrease in mass while increasing 

the equivalent stress. In contrast, the parameters l1, d1 and h1 

have relatively low effects on both mass and equivalent 

stress. 

The parameter s1 has a small positive effect on the 

equivalent stress, while its effect on the mass is quite lim-

ited. Changes to be made in certain parameters with high 

effect percentages for both output parameters are important 

in terms of balancing between mass reduction and stress in-

crease. When the stress distributions of different points on 

the front axle are analyzed, it is seen that there is stress con- 

centration in the lower region of the spring seat of the axle 

body as shown in Fig. 16. 
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Fig. 15 Local sensitivity (%) of the effect on mass and stress 

 

a 

 

b 

 

c 

Fig. 16 Design modification: a – initial and optimized 

model structures, FEA results of: b – initial model, 

c – optimized model 

Although the current design provides the desired 

life, service life and stress values, these regions should be 

evaluated separately due to the stress increase and notch ef-

fect caused by the hole to be opened on the body for mass 

reduction.  

For this purpose, considering the sudden cross-sec-

tional change occurring in the transition zone and the fact 

that the zone is subjected to tension stress, the cross-sec-

tional transition in this zone was softened in order to prevent 

the stress levels from reaching the damage limit after mass 

reduction. Fig. 16, a shows the new axle model resulting 

from the DoE – based optimization and FEA. A total mass 

reduction of 14.2% was achieved with the new front axle 

design. The axle body may be subjected to dynamic cyclic 

stresses and fatigue damage during its service life. In the lit-

erature, there are studies based on experiments and simula-

tions on fatigue failure analysis of an axle beam with a slot 

[22]. These studies provide findings for identifying critical 

regions and optimizing design modifications to improve fa-

tigue resistance in similar designs. For this purpose, life cal-

culation was carried out in this study to evaluate the effect 

of lightweighting of the axle geometry on the failure condi-

tion. 

The propagation of a crack, the length of which is 

considered as a macro crack, in the plane perpendicular to 

the maximum tensile stress is one of the fatigue damage 

stages [23]. For this reason, in the final geometry, the re-

gions of the mass reduction slots operating under tensile 

stress were identified and determined as critical areas in 

terms of fatigue strength. These areas are given in Fig. 17, b. 

 

a 

 

b 

Fig. 17 Final design: a – model structure, b – principal 

stresses on the axle body 

4.6. Life maps 

While reducing the mass of the axle beam by topol-

ogy optimization, structural safety should not be compro-

mised. Fatigue strength is a critical design criterion for com-

ponents subjected to variable loading conditions such as 

axle beams. In this context, the Goodman – Haigh diagram 

used in the literature [24-26] was preferred to evaluate the 

fatigue life of the component. The Goodman – Haigh dia-

gram helps to determine the fatigue limits of the material by 

graphically presenting the relationship between the average 

stress and the alternating stress. The Goodman – Haigh dia-

gram is used to check whether the cyclic stress history for a 

product made of a given material is within the infinite life 

region [27, 28]. If the design points lie below the modified 

Goodman line, the design is considered as safe. In this study, 

after determining the mass reduction zones in the axle beam, 

the maximum stress values obtained were evaluated on the 

Goodman – Haigh diagram and checked whether they re-

mained within the safe operating range. 

For steels with tensile strength Sut lower than 

1400 MPa, the stress – life limit (Se′) is given in the literature 

as [29]: 

0 504'

e utS . S=  . (5) 

However, it is not realistic to expect the durability 
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limit of a mechanical or structural element to match exactly 

with the values obtained in the laboratory environment. This 

depends on various parameters such as material composi-

tion, effect of manufacturing method, heat treatment, sur-

face condition, friction and corrosion. Considering the effect 

of factors such as surface condition, size, loading mode and 

temperature, Marin expresses the stress – life endurance 

limit (Se) as follows [29] 

'

e a b c d e eS k k k k k S=      . (6) 

Here, ka is a surface factor, kb is a size factor, kc is 

a load factor, kd is a temperature factor and ke is a fatigue – 

strength – reduction factor. In the calculation of ka, the sur-

face factor coefficients a and b for hot forging were taken as 

57.7 and -0.718, respectively [29]. Using these coefficients, 

the surface factor (ka) for SAE 4140 (42CrMo) material with 

a tensile strength (Sut) of 1300 MPa was calculated as 0.335 

[9, 30, 31]. The kb can be expressed for the bending and tor-

sion cases as follows: 

( )

( )

0 107

0 157

2 79 51mm

51 21 55 4

1 24

mm1

.

b .

. d
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        . d  

      d d  

−

−




= 




 


. (7) 

The 95% stress field for the wide flanged section 

can be calculated by considering the values given in Fig. 18 

[29]. Diameter d value was determined by calculating 95% 

stress area for all axes. Using this value, the kb coefficient 

was found as 0.75 according to Eqs. (7) and (8). kc is given 

as 1 for bending and kd is taken as 1 for ambient temperature 

range (0 – 250 °C) [29]. 

 

Fig. 18 The wide flanged section 
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To determine the maximum stress due to irregular-

ities or defects, a stress concentration factor (Kt or Kts) has 

been defined, which is used as a multiplier of the nominal 

stress. The Kf  factor is often referred to as the fatigue stress 

concentration factor. Due to the increased sensitivity to 

notches, Kf  is considered as a stress concentration factor re-

duced from Kt and is defined by Eq. (9). Notch sensitivity 

(q) is defined by Eq. (10), usually taking values ranging 

from zero to one. If q is equal to zero, the material is insen-

sitive to notches and the Kf value is one. In addition, if q is 

equal to one, the material is fully notch sensitive and Kf and 

Kt are equal to each other [29]. 

f

 stress in notched  specimen

 in notch free specimen

Maximum
K

Stress −
= , (9) 

1

1

f

t

K
q

K

−
=

−
. (10) 

In this study, FEA was used to calculate the Kt 

value. Due to the vertical acceleration of the vehicle body 

due to road surface unevenness, the maximum dynamic load 

on the axle body was estimated as 2.25 times P [8]. Firstly, 

the geometrical structures in regions A, B and C shown in 

Fig. 19, a were analysed and the higher stress concentration 

regions operating under tensile stress were determined for 

the initial and final design models. According to the results 

of the analyses, it was found that the highest stress value 

occurs equally and symmetrically in regions A and C. 

 

a 

 

b 

Fig. 19 Stress distributions on the slots: a – examined re-

gions, b – stress concentration regions 

In the notch factor calculation for critical zones, the 

maximum equivalent stress values corresponding to the 

same nodal point in the initial and final design models were 

determined for four points selected from high stress concen-

tration regions. Using these stress values, Kt coefficients 

were calculated according to FEA. The stress values given 

in Fig. 20 are given in proportion to the values obtained from 

the final design by taking the equivalent stress at that point 

of the initial model as reference. The radii of the geometric 

structures in region A were considered as notch radius. The 

notch sensitivity (q) given in the literature for steel struc-

tures was found to be 0.9 using this radius [29]. Kf value was 

determined according to Eq. (10) using the Kt and q values 

calculated. Then, using this Kf value, the fatigue – strength 

– reduction factor (ke) was calculated according to Eq. (11). 

The fatigue limit (Se) values were determined for A and the 

lower regions of the axle body using Eq. (6). 

1
e

f

k
K

= . (11) 

Most fatigue tests involve alternating tensile and 

compressive stresses, usually applied by cyclic bending 

[32]. There are various terms used to describe these stresses 

such as mean stress (σₘ), stress amplitude (σa). These terms 

which can be expressed as Eq. (12) and Eq. (13), play an 

important role in material life prediction and fatigue analy-

ses: 

2

max min
m

 


+
= , (12) 
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2

max min
a

 


−
= . (13) 

Here, σmax and σmin are the highest and lowest stress 

values in the cycle, respectively. In this study, σmin is as-

sumed to be zero. The main reason for this is that it is not 

possible for a negative vertical contact force value to occur 

at the wheels during a severe bump motion. In other words, 

when the tire – road surface contact is lost, σmin is equal to 

zero. In the literature, it has been observed that axle fatigue 

diagrams vary between a small stress value close to zero and 

a maximum value and therefore this approach is suitable for 

application [33, 34]. Goodman – Haigh diagrams were con-

structed for eight points selected from the critical zones of 

the initial and final design. In the Goodman – Haigh dia-

grams shown in Fig. 20, c, a yield line was defined by con-

necting the yield strength (σy) points. The Se values calcu-

lated for the eight selected points were combined with the 

tensile strength in the tensile zone and projected on the  

 

     

a 

 

b 

 

c 

Fig. 20 Fatigue life evaluation: a – selected point on axle 

beam, b – Kf values obtained for the stress concen-

tration region, c – Goodman – Haigh diagram of the 

critical stress region 

compression side. As a result, the infinite life region shown 

in the figure was obtained for the axle beam. 

When the graphs are analysed, it is seen that the 

stresses obtained at the critical regions of the final design 

remain in the infinite life (safe) region. As a result, 14.2% 

mass reduction was realised in the axle beam. In addition to 

the critical load case (Vertical Bump (3G)), the side force 

acting on the tyre contact patch during cornering manoeuvre 

and the moment generated by it cause stress concentration 

in the neck region of the axle beam. In the literature, it is 

known that stress concentration in these regions leads to 

fracture failure in some cases [35]. 

Therefore, the final design is compared with the 

reference model in Fig. 21 by considering these two critical 

load cases. Here, the stresses in all critical regions were 

found as a ratio to the yield stress. According to the results 

of the analyses, it is seen that the stresses are significantly 

below the yield stress. Thus, the final design is considered 

to be safe. 

 

a 

 

b 

Fig. 21 Stress distribution on the final design: a – compari-

son of the reference and final designs, b – stress val-

ues according to critical loading conditions 

While the mass of the reference axle beam in use 

was 104.2 kg, the final geometry obtained as a result of op-

timisation was determined as 89.4 kg. Accordingly, a total 

mass reduction of 14.8 kg was achieved. Due to this mass 

gain, for every 6 axle beams produced, one extra axle beam 

with final geometry can be produced. According to the data 

received from the axle manufacturer company, the axle 

beam examined in this study has an annual production ca-

pacity of approximately 48,000 units. Thanks to the mass 

gain achieved as a result of the optimisation study, it was 

seen that there is a potential to produce approximately 8,000 

additional axle housings using the same amount of material. 
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5. Conclusions 

This paper outlines the topology optimization and 

Design of Experiments (DoE) based mass reduction of a 

rigid front axle of a heavy commercial vehicle. Firstly, var-

ious Finite Element (FE) analyses were performed to deter-

mine the stress concentrations of the axle beam in current 

use at various loading conditions found in the literature. 

Then, topology optimization was applied to determine the 

regions where mass reduction is possible at the selected crit-

ical loading condition. Design parameters were determined 

based on the results of the analyses. A parametric study was 

also performed on the axle beam using the DoE – RSM ap-

proach. The results obtained from this study are summarized 

below: 

By using the stresses in the FEA results of the ge-

ometries created on the axle body, the Goodman – Haigh 

diagram was created and mass reduction was carried out to 

meet the infinite life criterion. With the design change made 

in the lower flange of the axle beam, the stress value was 

reduced by approximately 70%. As a result of this study, the 

mitigation work carried out with the selected parameters re-

duced the mass by 14.2% without creating a new damage 

mode or zone. 

In order to numerically examine the gain to be 

achieved during the production of the new design, produc-

tion values obtained from the manufacturer were used. Ac-

cording to the data obtained from the axle manufacturer 

company, this axle type has been produced 4,000 units per 

month on average since 2007. This corresponds to an annual 

production capacity of approximately 48,000 units. As a re-

sult of the optimisation study, it was determined that ap-

proximately 8,000 additional axle beams could be produced 

with the same amount of material thanks to the mass gain. 

This study shows that by using FE analyses and op-

timisation techniques, results can be obtained that can pro-

vide significant improvements to manufacturers in the de-

sign of components with high market value. It also demon-

strates through a case study that failure analysis can be used 

effectively as a mass reduction and cost improvement tool. 
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K. Polat, M. M. Topaç, U. Çoban  

FAIL-SAFE MASS REDUCTION OF A HEAVY-DUTY 

FRONT AXLE USING TOPOLOGY OPTIMIZATION 

S u m m a r y 

A Topology Optimization and Design of Experi-

ments (DoE) based mass reduction process for the rigid 

front axle of an in-use heavy commercial vehicle is summa-

rized. Finite Element (FE) analyses were performed to de-

termine the stress concentration regions of the axle beam for 

different loading conditions.  Then, topology optimization 

was used to determine the regions where mass reduction is 

possible under critical loading condition.  According to the 

results of the analyses, design parameters for the form and 

location of the holes were determined.  A parametric study 

was carried out on the axle beam using the DoE – Response 

Surface Methodology (RSM) approach.  The failure poten-

tial of these holes was evaluated with the help of Goodman 

– Haigh diagram. The results showed that the total mass can 

be reduced by 14.2% without creating a new failure mode. 

Considering the annual production capacity of the axle stud-

ied, it is seen that approximately 8,000 additional axle 

beams can be produced using the same amount of material. 

Keywords: fail-safe lightweight design, vehicle suspen-

sions, rigid axle beam, topology optimisation, mass reduc-

tion, design of experiments. 
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